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ABSTRACT

Alternative automotive powerplants were examined for
possible introduction during the 1980-1990 time period. Tech-
nical analyses were made of the Stratified-Charge Otto, Diesel,
Rankine (steam), Brayton (gas turbine), Stirling, Electric, and
Hybrid powerplants as alternatives to the conventional Otto-
cycle engine with its likely improvements. These alternatives
were evaluated from a societal point of view in terms of
energy consumption, urban air quality, cost to the consumer,
materials availability, safety, and industry impact.

The results show that goals for emission reduction and
energy conservation for the automobile over the next 5-10
years can be met by improvements to the Otto-cycle engine
and to the vehicle. This provides time for the necessary
development work on the Brayton and Stirling engines, which
offer the promise of eliminating the automobile as a significant
source of urban air pollution, dramatically reducing fuel con-
sumption, and being saleable at a price differential which can
be recovered in fuel savings by the first owner. Specifically,
the Brayton and Stirling engines require intensive component,
system, and manufacturing process development at a funding
level considerably higher than at present.



PRINCIPAL INVESTIGATOR'S NOTE

This report is the product of a $500, 000 study performed
under a grant from the Ford Motor Company. Volume I, Sum-
mary, contains a technical summary of our substudies, an
integration of results, and a presentation of findings, and
recommendations. Volume II, Technical Reports, provides
supporting material.

The concept of this study was first expressed by Mr. Lee
lacocca, President of Ford Motor Co., in testimony before
the Senate Air and Water Pollution Subcommittee in May 1973.
Ford Motor Co. wanted an assessment of the longer-term
powerplant options to provide a balanced, independent view of
this highly controversial area. After a solicitation of interest
from several nonprofit research organizations, Ford selected
the Jet Propulsion Laboratory (JPL) to perform this study,
and work began in December 1973.

A copy of the agreement with Ford Motor Co. and our
mutually agreed-upon statement of objectives is provided in
Appendix A of Volume I. Independence from Ford is an impor-
tant aspect of the agreement. That independence has been
achieved; Ford has meticulously avoided any action which might
influence the conduct of the study or the conclusions.

It is important to note that the key question stated in the
objectives is what "should" be done relative to the introduction
of a new powerplant. This requires a value judgment from
the points of view of society, the industry, and the consumer.
What "should" be done is distinct from what "could" be done:
the latter being necessary to the former but limited to tech-
nical feasibility. What is. 'likely" to happen is also a different
concept—the safest prediction being that the engine powering
our cars in the future will be an improved version of the con-
ventional Otto cycle engine. We set out to answer the key
question: Should our cars be powered by a new powerplant?
Of course, we realize that the final outcome will depend on
the actions of government and industry and, ultimately, the
auto-buying public.

The scope of the study is quite broad. We believe we have
avoided any arbitrary ground rules or assumptions which would
indirectly dictate the answer. The only criteria as to •whether
to delve into a particular aspect of this fascinating question
have been whether it is (a) important to the outcome and (b)the
best use of the time and resources available.

The study was conducted by a team of engineers and scien-
tists from JPL and the Caltech Environmental Quality Labora-
tory (EQL) along with limited use of consultants. A list of
participants is included in Appendix B; Volume I. Most of the
team members were located in adjoining offices to promote
strong interaction among various study areas. The areas into
which the team was organized were: Engine Technology (the
largest substudy), Vehicle Systems, Energy and Fuels, Mate-
rials, Vehicle Use, Industry Practices, and Impact Analysis.
The integration of substudies and the generation of overall
conditions were iterative team processes.

During the study, surveillance of technical progress was
maintained by a Review Board comprised of experienced
senior technical and management personnel from JPL and the
Caltech campus. A list of Review Board members is given in
Appendix C of Volume L We also invited selective outside
review of various substudy reports to obtain additional view-
points and to enhance the accuracy of the data.

Our study of alternate powerplants involved an intensive
review of the literature, visits to engine development labora-
tories and to automobile manufacturers (see Volume I, Appen-
dix D), and our own analytical extrapolations of engine and vehi-
cle performance into the future. This last step was of critical
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importance. Many of the engines currently undergoing tests
are deficient in one or more areas (fuel economy, emissions,
cost, weight, size, or durability) and are not ready for -wide-
spread introduction. Fortunately, the time frame of the study
allows up to 10 years of research and development (R&D),
through which much can be accomplished. Thus, it was neces-
sary to estimate the future potential .of the engine based on
fundamental thermodynamic limitations and practical consider-
ations such as materials and producibility.

Several studies in the general area of new engines and/or
their impact on society have recently been published; some
major investigations are listed in Appendix E, Volume I. While
there is obvious overlap between those studies and this one, we
have had the opportunity to build on the previous results and go
both deeper into engine technology and more broadly into the
societal issues surrounding the introduction of a new engine.

The principal authors of and contributors to the various
chapters are listed in Appendix A of this volume. A glossary
of special terminology and abbreviations is presented in Appen-
dix B of Volume II.

I wish to thank the members of our study team for their
deep interest, dedication, and perseverance in grappling with
this important, complex, and difficult problem. I acknowledge
the management of JPL for freeing the key team members and
myself from other responsibilities so that we could concen-
trate fully on this project. The Project Review Board devoted
considerable time to our activities and had an important impact
on the conduct and content of this study.

I acknowledge a particular debt of gratitude to Chrysler,
Ford, General Motors, and the numerous foreign manufac-
turers identified in the study for their cooperation and the
time they spent providing technical information on the alternate
powerplants that they have under development. Information
has been exchanged with many inventors and with persons in
the auto industry, development laboratories, universities, and
the federal government; to these many individuals, I extend
my thanks for their valued contributions.

Finally, I would like to thank Ford Motor Company for
providing the opportunity to perform this study.

R. Rhoads Stephens on
Principal Investigator
August 1975
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CHAPTER 1. INTRODUCTION

Volume II of this two-volume report constitutes the
technical reports or data base upon which Volume I is based.
Volume I, in turn, summarizes the material presented in
this volume, draws comparisons between alternate engines,
and presents conclusions and recommendations. Volume I
should be of value to all readers, while Volume II contains
material of primary interest to the technical specialist. It is
suggested that the reader become familiar with Volume I
before pursuing the supporting material of Volume II.

This volume consists of topical chapters which are
written to stand alone and can be read selectively or in any
order to suit the reader's interest. Each chapter has its own
figures, tables, and references as an integral part. Those
which contain analytical sections provide definitions within the
text for the algebraic symbols used. The principal authors
and contributors for each chapter are given in Appendix A. A
glossary containing nomenclature and abbreviations common
to the chapters is given in Appendix B.

The alternative automotive power systems are treated
first in the sequence of chapters. Chapter 2 provides an over-
view of heat engines from the fundamental standpoint and
develops some key concepts which are subsequently applied in
the chapters dealing with specific types of heat-engine power
systems.

Chapter 3 through 7 discuss the various heat-engine
power systems, beginning with the intermittent-combustion
types and followed by the continuous combustion types. In
these five chapters, each heat-engine power system is
appraised on its own merits, given the .benefit of equivalent
materials and production technologies (see Chapter 2 for the
definitions of the Present, Mature, and Advanced levels of
technology). Consequently, comparisons between engine
types are reserved for Volume I. However, to facilitate such
detail-level comparisons, Chapters 3 through 7 are generic-
ally organized by section in a uniform manner. This sectional
organization scheme is indicated in Table 1-1 wherein "n"
refers to any chapter number in the sequence 3 through 7. So,
for example, if one wishes to compare the research and
development requirements of the alternative heat engines, one
might read only Sections 3.7, 4. 7, . . ., and 7. 7.

Chapters 8 and 9 treat the Electric and Hybrid auto-
motive power systems, respectively. Chapter 10 then
addresses design improvements in the rest of the automobile
and also the methodology applied in analyzing the functional
interdependencies between the vehicle and its power system.
Chapter TO explains the keystone concept for comparative
evaluation of alternative vehicles - the Otto-Engine Equivalent
car. The manufacturability considerations and production
costing methodology employed are summarized next in
Chapter 11, while Chapter 12 presents the approach taken in
obtaining industry's estimates of the development funding and
time requirements for specific options.

Chapters 13 through 20 document the substudies
related to vehicle use patterns, the methodology of generating
aggregate fleet effects, air quality impacts, energy and fuels
availability, materials availability, industry practices with
respect to engine production conversion, and ownership and
economic considerations.
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Table 1-1. Generic outline of heat-engine powerplant chapters
(Chapters 3 through 7)

Chapter n The Automotive Power System

n. 1 Description

n. 1. 1 Introduction

n. 1.2 Morphology

n. 2 Characteristics

n. 2. 1 Thermodynamics

n. 2.2 Engine Performance

n. 2. 3 Fuel Requirements

n. 2.4 Pollutant Formation

n. 3 Major Subassemblies/Components

n. 3. 1 Descriptions

n. 3. 2 Configurational Evolution

Present Configuration
Mature Configuration
Advanced Configuration

n. 3. 3 Materials and Producibility

n. 3.4 Unit Costs

n. 4 Vehicle Integration

n. 4. 1 Engine Packaging in Vehicle

n. 4. 2 Transmission Requirements

n. 4. 3 Other Vehicle Design Impacts

n. 5 Performance in Vehicle

n. 5. 1 Fuel Economy

n. 5. 2 Chemical Emissions

n. 5. 3 Noise Emissions

n. 5. 4 Drivability Aspects

n. 5. 5 Safety

n. 6 Ownership Considerations

n. 6. 1 Maintenance

n. 6. 2 Incremental Cost of Ownership

n. 7 Research and Development Required

n. 7. 1 Mature Configuration

n. 7. 2 Advanced Configuration

1-2



CHAPTER 2. FUNDAMENTAL CONSIDERATIONS OF HEAT
ENGINES FOR AUTOMOTIVE PROPULSION

2. 1 Introduction 2-2

2.2 Characterization of Heat Engines for
Automotive Propulsion 2-2

Z . Z . I Heat Engine Parameters 2-2

2 .2 .2 Classification of Heat Engines 2-2

2.2 .3 Efficiency of Heat Engines 2-3

2. 3 Definition of Present, Mature, and
Advanced Configurations 2-4

2.4 Thermodynamic Processes in Heat Engines . . . . 2-6

2. 4. 1 Work Processes 2-6

2.4.2 Heat Exchange Processes 2-8

2.4.3 Combustion Processes 2-10

2. 5 Attainable Efficiency of Heat Engines 2-12

2.5 .1 Thermal Efficiency of Heat Engines . . . 2-12

2. 5.2 Engines with Lower Attainable
Efficiency 2-13

2 . 5 . 3 Engines with Higher Attainable
Efficiency 2-14

2 .5 .4 Concluding Remarks 2-15

References • 2-17

Figures 2-19

2-1



2. 1 INTRODUCTION

The performance of a heat engine is deter-
mined by the nature of the thermodynamic pro-
cesses which it incorporates. Such processes
directly affect the engine's power output, fuel
consumption and pollutant emission characteris-
tics. The central purpose of this chapter is to
identify some of the more important of these
processes and to explore their effect on the oper-
ation of engines. Two of the most prevalent fac-
tors that characterize these thermodynamic
processes are the temperatures at which they
occur and the uncompensated losses associated
with implementation of the processes such as
frictional dissipation, unrestrained expansion,
and thermal losses. The first of these factors is
sensitive to the high-temperature properties of
the structural materials from which the engine is
fabricated; the second is sensitive to the level of
technological development reflected by the per-
formance of the mechanical components compris-
ing the engine. Consequently, an evaluation of
different types of engines for automotive propul-
sion should be made at equivalent levels of
materials and component performance technology,
considering the application of the engine to auto-
mobiles in mass production. This evaluation of
engine characteristics at equivalent levels of
technological development was accomplished by
configuring each of the engines in a Mature and
an Advanced version.

The succeeding sections of this chapter are
presented as follows: First, the characteristics
of heat engines which are pertinent to their use
in automobiles will be identified. Second, the
technological states denoted as Present, Mature,
and Advanced are discussed, with a detailed
analysis of the performance which results from
the application of these states of technological
development to each engine being given in Chap-
ters 3 through 7. Third, a limited consideration
of the basic thermodynamic processes of work
production or absorption and heat addition or
extraction which are common to all heat engines
is given. Fourth, an assessment of the influence
of these fundamental processes on the emissions
and fuel consumption characteristics of the differ-
ent types of engines is given.

Much of the material presented in this chapter
is available in textbooks and in the open literature.
Such basic information forms the framework for
an evaluation of heat engines; hence, it is of suf-
ficient importance to warrant the brief discussion
given herein.

2.2 CHARACTERIZATION OF HEAT
ENGINES FOR AUTOMOTIVE
PROPULSION

2. 2. 1 Heat Engine Parameters

The characteristics of the heat engines under
consideration must be expressed in a quantitative
manner to permit the performance of a vehicle
powered by a particular engine to be appraised.
Consequently, the engines are conveniently viewed
as black box devices with a set of characteristics
which interface with the vehicle. These charac-
teristics were formulated in terms of total power
system parameters. The total power system
included the engine itself and all associated

components such as the cooling system, trans-
mission, and battery. The power system param-
eters which were quantitatively considered in the
assessment of vehicle performance are:

(1) Weight (specific power, BHP/lb).

(2) Maximum power output and maximum
output shaft speed.

(3) Variation of power output with output
shaft speed (torque-speed characteristic).

(4) Fuel consumption over the operating
ranges of speed and power.

(5) Emissions of unburned hydrocarbon
compounds, carbon monoxide, and
nitrogen oxides, HC/CO/NOx,
respectively.

The first three parameters were utilized in
the determination of the specifications of a
vehicle propelled by an alternate power system
which is equivalent in performance to today's
conventional automobile with an Otto engine.
These automobiles powered by alternate engines
are called "Otto Engine Equivalent Vehicles."
The methodology followed in defining the OEE
Vehicles is discussed in Chapter 10. The fuel
economy of each of these vehicles over pre-
scribed driving cycles was computed from the
fuel consumption of their engines as dependent
on power output and engine speed. The emissions
characteristics of the vehicles powered by the
alternate engines were established from several
different types of information reported in the
literature, including tests of real vehicles,
engine dynamometer tests, simulations and tests
with engine components, and analytical predic-
tions, as discussed for each engine in Chapters 3
through 7.

Power system parameters such as durability,
drivability, vibration, and noise were not taken
as discriminating factors among the different
types of engines. Such characteristics were
assumed to be developed to the point of accepta-
bility for each of the candidate engines in the
Mature version. However, the smaller power
systems do offer packaging advantages which are
discussed in Chapters 3, 5, and 10.

2. 2. 2 Classification of Heat Engines

The major source of energy for automobile
propulsion is the chemical combustion of a fuel
carried aboard the vehicle. The energy released
as heat during the combustion of the fuel must
be transformed into useful work for vehicle pro-
pulsion. The transformation of heat released by
the combustion of fuel to useful work is the func-
tion of a class of machines known as heat engines.
The conversion of heat to mechanical work in
all types of heat engines considered in this study
is accomplished by increasing the thermal energy
of a working fluid at elevated pressure confined
within the engine and, subsequently, allowing the
working fluid to produce mechanical work during
a restrained expansion process. Any such heat
engine must carry the working fluid through a
sequence of thermodynamic states in order to
produce the conversion of thermal energy to use-
ful work. The methods of thermodynamic analysis
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are applicable to such engines and give insight
into the thermodynamic handicap of each type of
heat engine when appropriate materials and com-
ponent performance technology are applied.

A heat engine is usually described according
to the thermodynamic cycle on which it operates.
A particular thermodynamic cycle is comprised
of the sequence of processes that the working
fluid undergoes within the confines of the heat
engine. In addition to the thermodynamic cycle
of a heat engine, it may also be classified as
being:

(1) Open cycle or closed cycle,

(2) Internal combustion or external
combustion,

(3) Intermittent combustion or continuous
combustion.

In an open-cycle machine, the working fluid
is inducted into the engine from the surroundings,
is passed through the engine, therein absorbing
heat and producing work, and is then exhausted
to the surroundings. Conversely, in a closed-
cycle machine, -the working fluid is completely
contained within the engine and is recirculated to
repeatedly execute the thermodynamic cycle. The
heat addition and rejection processes are usually
accomplished via heat exchangers.

The distinction between internal and external
combustion engines lies in the nature of the heat
addition process. The products of combustion at
least partially constitute the working fluid in an
internal combustion engine; whereas in an external
combustion engine a separate working fluid passes
through a heat exchanger to receive heat from the
products of combustion.

The combustion process in heat engines may
occur continuously or intermittently depending on
the design of the engine. A continuous combus-
tion engine has a separate and distinct combustion
device in which the air/fuel mixture continually
passes through a region of sustained combustion
from which the products continually flow. Con-
versely, in an intermittent combustion engine,
specific and distinct quantities of air/fuel mixture
are repeatedly ignited and burned in the combus-
tion space of the engine; that is, the air/fuel
mixture is burned in individual batches.

The evaluative effort of the APSES study was
applied most intensely to five basic types of heat
engines, identified according to their thermo-
dynamic cycles:

(1) Otto engine: an open-cycle, intermittent,
internal combustion engine with spark
ignition in the uniform (homogeneous)
charge version or in the stratified
(heterogeneous) charge version. Its
ideal thermodynamic cycle consists of
(a) isentropic compression, (b) constant
volume heat addition, (c) isentropic
expansion, and 'd) constant volume heat
rejection.

(2) Diesel engine: an open-cycle, inter-
mittent, internal combustion engine with
compression ignition. Its ideal

thermodynamic cycle consists of
(a) isentropic compression, (b) limited
pressure heat addition, (c) isentropic
expansion, and (d) constant volume heat
rejection.

(3) Brayton engine: an open-cycle, con-
tinuous, internal combustion engine with
exhaust heat recovery, 1. e., thermal
regeneration. Its ideal thermodynamic
cycle consists of (a) isentropic compres-
sion, (b) constant pressure heat addition
(partly regenerative), (c) isentropic
expansion, and (d) constant pressure heat
rejection (partly regenerative). Bray-
ton engines may also be configured with-
out thermal regeneration, and they have
been operated as closed-cycle machines.

(4) Stirling engine: a closed-cycle, con-
tinuous, external combustion engine
with thermal regeneration. Its ideal
thermodynamic cycle consists of (a)
isothermal compression with simul-
taneous heat rejection, (b) constant
volume, regenerative heat addition,
(c) isothermal expansion with simultan-
eous heat addition, and (d) constant
volume, regenerative heat rejection.

(5) Rankine engine: a closed-cycle, contin-
uous, external combustion engine
utilizing a condensing working fluid. Its
ideal thermodynamic cycle consists of
(a) isentropic compression (liquid
working fluid), (b) constant pressure heat

^ addition (vaporization and superheat),
(c) isentropic expansion, and (d) constant
pressure heat rejection (including slight
regeneration and complete condensation).

More detailed discussions of these thermodynamic
cycles are presented in Chapters 3 through 7.

2.2.3 Efficiency of Heat Engines

The merit of a heat engine as a thermo-
dynamic machine is quantitatively expressed as
the ratio of the output of energy in the form of
useful work to the input of energy in the form of
heat from the high-temperature source. The
concept of measuring the performance of a heat ,
engine in terms of this quantity, known as the
thermal efficiency of the heat engine, followed
from the work of Carnot (Ref. 2-1). Carnot's
fundamental insight into thermomechanical energy
conversion was that not all of the energy supplied
as heat to an engine can be converted to mechan-
ical work, and that the maximum fraction of the
heat energy input that can be transformed into
work by any heat engine is irrefutably determined
by the temperature at which the heat is supplied
to the engine and the temperature at which heat
may be rejected from the engine's working fluid
to the surroundings. Any of the five types of
thermodynamic cycles listed above may be con-
ceptually executed in a manner such that their
theoretical thermal efficiencies will be the same,
but with differing temperatures which are per-
tinent to efficiency. However, the factors which
must be considered in the practical implementa-
tion of any of the five basic thermodynamic cycles,
or any others, lead to significant differences in
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the thermal efficiency which a real heat engine
will display at its output shaft.

The brake thermal efficiency Ijj of a heat
engine is the ratio of the energy appearing as
mechanical work actually available at the output
shaft of the engine to the energy released as heat
during combustion of the fuel, which may be
expressed as r|^ = ws/Qh °r ^h = ^/(rhf hf),
where wa is the time rate of mechanical work at
the engine's output shaft and Qjj is the time rate
of heat input to the engine from the combustion of
fuel, which alternatively may be expressed as
rhfhf, where rhf is the mass flowrate of fuel and
hf is the lower value of the enthalpy of combus-
tion of the fuel. Customarily, the fuel consump-
tion characteristics of an engine are expressed
in terms of brake specific fuel consumption (bsfc)
or pounds mass of fuel consumed per horsepower-
hour of work produced. In British Engineering
Units the bsfc is related to njj by the expression

bsfc = 2545/(h

where hf is expressed as Btu's per pound mass of
fuel. Unless otherwise stated the fuel consump-
tion of the engines (bsfc) and vehicles (miles per
gallon) is expressed as if the fuel were gasoline
with an energy content of 18, 900 Btu/lb.

The brake thermal efficiency obtained from
a real heat engine operating on any thermodynamic
cycle is determined in part by the performance of
the machinery with which the ideal cycle is
mechanized. Mechanical or viscous friction
between the moving parts of the engine, unre-
strained expansion of the working fluid due to
leakage or throttling processes, and heat losses
from the working fluid during critical processes
are three sources of inefficiency in a heat engine
which may be minimized by careful engineering
design. Another deleterious effect on the thermal
efficiency of a heat engine may be imposed by the
thermodynamic properties of the working fluid.
Particularly in internal combustion engines,
changes in working fluid composition occurring
during combustion combined with the high temper-
atures and pressures during combustion usually
cause changes in the properties of the working
fluid which decrease the work produced during
the restrained expansion process.

The indicated thermal efficiency n^ is the
ratio of the work actually produced by the working
fluid during the restrained expansion process to
the energy added to the working fluid as heat
from the high-temperature source during the heat
addition process. Differences between indicated
thermal efficiency and brake thermal efficiency
are due only to mechanical frictional losses.

The most significant limitation on the attain-
able efficiency of heat engines is attributable to
the characteristics of the materials from which
the engine is constructed. For the maximum
thermal efficiency, the engine structure must
confine the working fluid at the highest permis-
sible temperature, considering stress levels,
mechanical and thermal fatigue, corrosion resist-
ance and other factors affecting the weight, dura-
bility, and safety of the engine. The intermittent
combustion engines appear to have an advantage

over the continuous combustion engines in that the
internal surfaces of the engine are cyclically
exposed to the hot combustion gases and to the
cooler fresh air or fuel-air charge. Therefore,
peak temperatures, which occur for very short
time periods in the intermittent combustion
engines, may be much higher than the continuously
sustained maximum temperature in the contin-
uous combustion engines. However, as will be
illustrated in the discussion to follow, the tem-
perature which determines the thermal efficiency
of a heat engine is that at which heat addition
from the high-temperature source must com-
mence, not the peak temperature. In the absence
of regeneration, this is the temperature after the
compression process. And since this tempera-
ture is usually limited by considerations other
than the maximum temperature that structural
materials will withstand, the peak temperature
advantage of an intermittent combustion engine
may not directly translate into higher efficiency.
These matters are further discussed in Section
2.6 and in the chapters on the individual engines.

2. 3 DEFINITION OF PRESENT. MATURE.
AND ADVANCED CONFIGURATIONS

The evaluation of the five types of heat
engines included a comparison of the performance
of the engines at equivalent levels of technology.
The approach taken was to evaluate the perfor-
mance of each engine type in two configurations,
which were defined by consistently applying a
specified level of technological development of
materials characteristics and component per-
formance to each type of engine, considering that
the engines are to power automobiles in mass
production. These configurations are denoted as
Mature and Advanced. The currently existing
versions of the engines are denoted as Present.

The Present configuration is defined as the
configuration of an engine selected as representa-
tive of the heat engine type in whatever form and
development state it currently exists. The set of
present configurations therefore represents a
fixed point in time and a spectrum of development
statuses, mostly in the preprototype category,
and, in general, not suitable for production for
reasons of cost, weight, minor correctable design
defects, etc. Performance data is experimental.

The Mature configuration is defined as the
relatively near-term improved version of the
present configuration, as limited by current
technology. Implied are design improvements
which permit some optimization in materials,
fabrication techniques, and operating parameters
and some component development, as well as the
requisite design changes to render the engine
economically mass producible. No fundamental
research is involved, however, and operating
parameters, i. e. stress, temperature, etc. ,
which represent the upper limit of current tech-
nology are still limiting in the mature configura-
tion, so that materials technology is basically
metallic. Performance is projected from that of
the present configuration, with improvements
obtainable through reduction of thermal and
mechanical losses and improved components.
Hence, the set of Mature configurations repre-
sents an equivalent development status achieved
at different points in time, all ostensibly within
the 1980's decade.
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The Advanced configuration is defined as a
longer-term future version of an engine which
embodies advantages afforded by extensions of
existing technology. As such, it does not require
any new basic materials but necessitates some
fundamental research in ceramic materials formu-
lation and processing, as well as some component
innovation, considerable component development,
and several iterations of design. Specifically,
these configurations presuppose the fruition of the
respective recommended research and develop-
ment efforts. Liberal use is made of ceramic
materials in upgrading and/or replacing metal
components. Critical operating parameters are
pushed to new limits consistent with the projected
extensions in the applicable technologies. The
performance projections, consequently, are first-
order estimates, and the weights and production
costs are highly speculative. The set of Advanced
configurations represents an equivalent develop-
ment status achieved at different points in time,
but probably late in, or beyond, the 1980's
decade. The Advanced configurations of the five
heat engines are not intended to represent their
ultimately attainable performance, as the impli-
cations of as-yet-undiscovered technologies can-
not be forecast and technological breakthroughs
cannot be foreseen. However, the performance
of the Advanced engines does provide a relative
comparison of the five heat engine types when a
significantly improved materials technology is
consistently applied.

Given the materials technologies assumed in
the foregoing definitions, it remains to be deter-
mined what operating temperature limitations
arise therefrom in the various equivalent tech-
nology engine types. For the intermittent com-
bustion engines - the uniform and stratified
charge Otto's and the Diesel - considerations
other than materials characteristics limit the
thermodynamic performance of the engine, and
the benefits of advanced materials technology
result primarily from reduced heat and friction
losses and from lower engine weight. However,
for the continuous-combustion alternates - the
Brayton, the.Rankine and the Stirling - the maxi-
mum usable working fluid temperature is key in
determining the performance achievable within
the given materials technology.

Present automotive-engine-production mate-
rials technology may be characterized as "ferrous,"
which is to say large-scale use of cast iron and
carbon steels with limited use of alloy steels
where temperature/stress conditions dictate, and
with some aluminum application where tempera-
tures permit and it is cost-effective.

For the continuous-combustion engines to be
performance-competitive, the metallic-technology
of the Mature configurations requires considerable
use of stainless steels and more restricted use of
superalloys. For the superalloys, a sustained
working temperature of about 1900eF under con-
ditions of minimal stress is generally accepted.
In the Advanced versions of these engines, incor-
poration of ceramic technology such as silicon
nitride or silicon carbide is assumed for the hot
side components, and the corresponding accepted

maximum working temperature is about 2500°F.
Neither the 1900°F nor the 2500°F can be defended
to precisely represent an absolute maximum
limitation, and can be somewhat exceeded in short-
term transient excursion, but do represent reason-
able design guidelines for sustained exposure.
Hence these temperatures have been taken to char-
acterize the two technologies.

To translate these material temperature
limits into working fluid temperatures, the specific
engine types must be considered. A significant
difference in kind is immediately apparent between
the open-cycle, internal combustion Brayton
engines on the one hand and the closed-cycle,
external combustion Rankine and Stirling engines
on the other. In the former, the heat of
combustion is released directly into the working
fluid, whereas in the latter it must be transferred
from fluid to fluid across a physical boundary;
hence, the achievable working fluid temperatures
are higher in the Brayton than in the Stirling or
Rankine. There are also certain differences
between the high-temperature heat exchangers in
the Stirling and Rankine engines. The Rankine
vapor generator is a monotube heat exchanger
and has a significant temperature change along the
direction of flow, while the Stirling heater head
is a multirube exchanger operating at nearly con-
stant temperature. The working fluids, hydrogen
gas for the Stirling and water for the Rankine,
are also different.

A highly simplified and idealized analysis
for typical configurations of Stirling and Rankine
high temperature heat exchangers which

(a) assumes combustion-gas-side material
temperatures of 1900°F and 2500°F,

(b) assumes no temperature drop through
any intervening wall, i. e. , conductance
» working fluid film coefficient, and

(c) does not consider creep, stress rupture,
fatigue or other material properties,

gives an indication of an upper-bound of the work-
ing fluid bulk temperatures, considering only
temperature drops due to gas/surf ace convection
coefficients. These are shown in the rows labeled
"Idealized" in Table 2-1. When the temperature-
stress limitations of the materials and the real-
ities of building an economically producible
engine are superimposed, these academic limits
for the Rankine and Stirling engines are reduced.

Actual Stirling working fluid temperature
limits were determined through detailed system
optimizations by the cognizant purveyors. Limit-
ing design parameters include stress rupture and
creep in the heater head tubes, H2 diffusion
through those tubes, pressure drops, etc. It was
not the intent of APSES to do an original structural
analysis, and only spot checks were made using
the manufacturer's heater tube dimensions.

Actual Rankine working fluid temperature
limits were obtained from data provided by the
cognizant developers. The configuration chart
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in Chapter 7 embodies pressure/temperature
scheduling* in the Mature configuration. This
was done to avoid large-scale utilization of
superalloy, which would be both prohibitively
expensive and unavailable. Using representa-
tive tube dimensions, the Rankine engine was
pressure/temperature scheduled and, by crude
stress analysis, found to be roughly within
stainless steel creep and stress rupture limits.
Only the valve seat assemblies, valves, and
springs are superalloy.

The Brayton working fluid consists of air
plus the gaseous combustion products; hence no
transboundary temperature differences are
incurred. The Brayton components which must
continuously sustain the maximum temperature
are not large in size and are fabricated of super-
alloy. Thus, the maximum sustained tempera-
ture of 1900°F for superalloys is taken as the
actual working fluid temperature.

The actual operating temperatures of the
working fluids for equivalent technology engines
are shown under the heading "Realistic" in
Table 2-1. Further discussion of this subject is
given in the individual engine chapters.

2.4 THERMODYNAMIC PROCESSES IN
HEAT ENGINES

the mechanical components of a heat engine are
specific volume or pressure, and temperature.
The specific volume or pressure of a working
fluid is changed through compression or expan-
sion processes such as may be implemented with
a positive displacement expander like a piston
and cylinder, or a steady flow, dynamic expander
like a turbine. The temperature may be changed
by means of heat addition processes accomplished
through combustion of the working fluid or by
passing the working fluid through a heat exchanger.
Such operations on a working fluid are conven-
iently thought of as work processes and heat
addition (or rejection) processes, respectively.
The working fluid in the following discussion
will be treated as an ideal gas which, except
for the Rankine, is reasonably appropriate for
each of the aforementioned five heat engines.
However, the observations to follow are also use-
ful in the consideration of the expansion process
of the Rankine cycle with superheat.

Processes involving the transformation of
heat to work and vice versa are conveniently con-
sidered on temperature-entropy (T-S) coordin-
ates. For an ideal gas, the first and second laws
of thermodynamics and the ideal gas equations
may be utilized to derive the following relations
among the properties of an ideal gas which allow
work processes to be shown on T-S coordinates

2. 4. 1 Work Processes

The conversion of heat to work in a heat
engine is accomplished through the restrained
expansion of a working fluid which previously has
been elevated in pressure and temperature. The
intensive properties of a gaseous working fluid
which are directly changed through the action of

or

ds =

ds =

__jR__dT P
(k - 1)M T T av

kR
(k -

(1)

(2)

Table 2-1. Sustained1 working-fluid temperature limits ( °F )
for continuous-combustion engines

Brayton turbine Rankine expander Stirling heater
inlet temp, °F inlet temp, °F outlet temp, °F

Mature configuration,
metallic technology
(1900T nominal max.
material temperature)

Idealized

Realistic0

•4900

-1900

-1800

-1400

-1850

-1400

Advanced configuration,
ceramic technology
(2500°F nominal max.
material temperature)

Idealized0

Realistic0

-2500

-2500

-2350

-2000

-2450

-2000

*May. be temporarily exceeded in short-term transients.

AT through walls = 0; no structural, cost, or producibility considerations.

"Includes consideration of structural stress and fatigue, cost, producibility, and other design
tradeoffs.

Pressure/temperature scheduling is a control technique to avoid the simultaneous occurrence of
maximum temperature and pressure.
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where s is the entropy, T is absolute tempera-
ture, P is pressure, v is specific volume, k is
the ratio of the specific heat at constantjjressure
to the specific heat at constant volume, R is the
universal ideal gas constant, and M is the mole-
cular weight of the ideal gas. These relations
are derived and discussed in Refs. 2-2 and 2-3.

Several different processes during which an
ideal gas undergoes a change in state are shown
in Fig. 2-1 on T-S coordinates with various
states of the ideal gas designated by numbered
points. The work produced during a restrained
expansion process depends on how the process is
carried out. The two important extremes in the
execution of a process are adiabatic changes in
state and isothermal changes in state. For the
sake of convenience, the discussion of processes
will deal primarily with expansion of the working
fluid, during which work is produced. However,
the equations and remarks are equally applicable
to compression processes during which work is
absorbed by the working fluid.

In an adiabatic change of state, absolutely no
heat exchange occurs between the working fluid
and its surrounding surfaces; whereas, in an
isothermal process, heat must be added to or
extracted from the working fluid at exactly the
same rate at which work is produced or absorbed
by the working fluid. An adiabatic process which
occurs in a reversible manner is represented by
a vertical line on T-S coordinates: that is, the
entropy s is a constant. A reversible process is
one executed totally without frictional or hyster-
esis losses. Such a process can be reversed,
thereby returning the system and its surroundings
to their original states. The reversible process
is an idealization which cannot be realized in
practice if a transfer of work or heat occurs
across the imaginary boundary between the
machine and the working fluid itself, due to the
existence of mechanical friction and to heat trans-
fer through non-zero temperature differences.
However, the thermodynamic state of the working
fluid during an adiabatic process is well repre-
sented by the isentropic equations if no intermo-
lecular changes occur, such as changes in com-
position. The isentropic process provides a
convenient and consistent reference to which real
processes that either produce or absorb work
may be compared.

-TJie work produced in a reversible, adiabatic
expansion process, i. e. , an isentropic process,
between Tj and T£ for the steady flow of an ideal
gas may be written, from the First Law of
Thermodynamics, as

(3)

where Cp is the specific heat at constant pressure.
The following relations between v, P, and T for
an ideal gas during an isentropic process may be
developed from Eq. (1) and the ideal gas equation
of state

Thus, the work produced may be expressed in
terms of the pressure ratio P2/Pi or the expan-
sion (or compression) ratio v j /V£ by substituting
the desired quantity into Eq. (3).

During an isentropic compression process,
the path of working fluid states proceeds upward
from 2 to 1 in Fig. 2-1. A convenient practice
is simply to follow the path of states from the
initial to the final, spatially for steady flow
processes or temporally for batch processes. If
this convention is followed, the work of expansion
will be positive and the work of compression will
be negative. The adiabatic efficiency r\c of a
real compression machine is defined as the ratio
of the ideal work which would be required to com-
press the fluid if the process were isentropic to
the work actually required to compress the fluid
by the real machine, both processes occurring
across the same pressure ratio. Hence

1
actual isentropic (5)

An actual compression process would follow the
path of states in Fig. 2-1 from 2 to I'.

The efficiency of an expansion machine is
defined as

actual isentropic (6)

where wactuaj is the work produced by the
expander and WiaentrOpjc is the work which would
be produced if the process occurred isentropically
over the same pressure ratio for a steady-flow
machine like a'turbine, or over the same expan-
sion ratio for a positive displacement machine.
In general, the efficiency of expanders is higher
and remains high over a wider range of operating
variables, such as pressure ratio, shaft speed,
and fluid flow rate, than the efficiency for com-
pressors. Good design can result in compressor
efficiencies of 80 to 85% for steady-flow dynamic
compressors at pressure ratios ranging from-3:l
to 6:1 beginning with ambient air. At comparable
pressure ratios, turbine efficiencies range from
85 to 90%. Fewer data are at hand for positive
displacement machines; however, with good design
to minimize throttling across valves and mechan-
ical friction, they most likely would show com-
parable efficiencies with a somewhat broader
range of operating variables. Compressor arid
expander efficiencies are further discussed in
Chapter 5.

An isothermal work process requires that
heat be added or extracted simultaneously and at
the same rate at which work is produced or
absorbed. Such a process is shown in Fig. 2-1
beginning at state 1 and proceeding to state 3 or
4. The work produced and heat added during
either a steady flow or a batch isothermal expan-
sion process is expressed by

q!4 = W14 = T
1(R/M) ln (P l /P2 ) (7)

T2/T1 = (4)
where In denotes the natural logarithm, and noting
that for an isothermal process (Pj/Pj) = (v2/vj) .
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The enthalpy and internal energy of the working
fluid does not change during an isothermal expan-
sion. In contrast to the adiabatic process, work
is produced or absorbed and heat is simultane-
ously added or extracted with no temperature
change of the working fluid. An isothermal
expansion process occurring over the same pres-
sure ratio Pl/^2 or expansion ratio v2 /vj will
produce a greater quantity of work than an
adiabatic process; conversely, an isothermal
compression process requires a smaller amount
of work than an adiabatic process over the same
pressure ratio. The difference in work produced
is not large, as may be shown by computing the
ratio of adiabatic work to isothermal work for an
ideal gas during an expansion process. For
V2/v j = 10 with an ideal gas for which k = 1.4,
the ratio of adiabatic to isothermal work is 0. 91;
with v2 /v j = 20, the ratio is 0. 82. The isothermal
work processes are extremely difficult, perhaps
impossible to implement with functional machinery
of acceptable size for automotive applications.
Since the temperature of the working fluid after
expansion is unchanged, a heat engine incorporat- .
ing isothermal work processes must also incorpo-
rate post-expansion heat recovery if a reasonable
thermal efficiency is to be obtained. Even though
the ideal Stirling cycle includes isothermal work
processes, they have not been successfully
incorporated in heat engines for automobiles, as
will be further discussed in Section 2. 7 and
Chapter 6.

2. 4. 2 Heat Exchange Processes

The heat addition process in internal com- •
bustlon heat engines occurs through combustion
of the working fluid within the engine after the
compression process and prior to the expansion
process. The discussion of combustion processes
is deferred to Section 2.4. 3. Heat addition pro-
cesses in closed cycle engines and in open cycle
engines with exhaust heat recovery occurs by
means of heat exchangers; thus, the performance
of heat exchangers is a crucial factor in ascer-
taining the approach which will result in an effi-
cient and economical heat engine.

The usual analysis of the performance of heat
exchangers incorporates an equation of the form

infinite surface area with no external heat losses,
the outlet temperature of the fluid stream with the
smaller mC_ will equal the inlet temperature of
the stream with the larger rhCp. Figure 2-2
illustrates such a heat exchanger. In this situa-
tion, the maximum attainable rate of heat trans-
fer will have occurred. The effectiveness of a
heat exchanger e is defined as the ratio of the
rate of heat transfer actually obtained to the
maximum attainable rate of heat transfer, as
discussed above. Hence.

rr, - T \( h. c.)
(9)

where Th; is the inlet temperature of the hot
stream, TCi is the inlet temperature of the cold
stream, and Cs is as defined above. In Eq. (9),
Cg ATg may be either the hot stream or the cold
stream regardless of which stream is repre-
sented by Cs, as follows:

if C = (mC ) , then AT = T - T

if C = (mCp)h, then ATg =

where TCo is the outlet temperature of the cold
stream, and Tho is the outlet temperature of the
hot stream.

Equation (9) may be used to find the exit tem-
perature of either the hot stream or the cold
stream in terms of t, Cs, Cg, and the inlet tem-
peratures of both the hot and cold streams.
Assuming for the moment that « has been deter-
mined, the rate of heat transfer between the
streams is given by

q = UA A T (8)
q = u - T

h. c
i

\. I
i /

(10)

where U is the overall heat transfer coefficient,
A is the heat transfer surface area, and AT is an
appropriate mean temperature difference,
usually the logarithmic mean. This equation is
useful in the design of heat exchangers to specified
performance when all the initial and terminal
temperatures are known. However, when only U
and A are known or can be estimated, the terminal
temperatures and rate of flow cannot be explicitly
found via usual techniques. The analysis of the
latter situation is greatly facilitated by the method
proposed by Nusselt (Ref. 2-4) and Ten Broeck
(Ref. 2-5) which avoids reference to a tempera-
ture difference across the heat exchange surface.

The maximum attainable rate of heat exchange
between two fluids is limited by the smaller of
the convective energy transport rates, Cs = mCp
in Btu/hr. In a counterflow heat exchanger of

Note that the heat transfer rate is now specified
in terms of only the inlet temperatures of the
two streams and the smaller convective energy
transport rate C .

The remaining problem is now to determine
the quantity e in terms of heat exchanger design
parameters. Following Krieth (Ref. 2-6), the
differential form of Eq. (8) for a stationary,
parallel-flow heat exchanger may be combined
with an energy balance over a differential heat
exchange area dA and an overall energy balance
for both fluids to obtain an expression which may
be integrated over the length of the heat exchanger,
yielding
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In

- T

1 -f- 1 -f

-£- + £- UA (11)

With C = C in Eq. (9), the quantity

T - T
ci co

T, - T
h. c.

which appears above in Eq. (11) may be replaced
by (- eCg/Cc). On solving for t and noting that
the minimum and maximum C's appear in the
same place in the equation whether Cc = Cg or
Ch = Cs, the following expression for t is
obtained

- exp|-[l + (Ca /C1)] (UA./C8)|

1 +(C 1C )
a 1

(12)

where GI is the larger mCp. Hence, e for a heat
exchanger is expressed in terms of the ratio of
the rhC products for the fluids and the ratio of
the overall conductance UA to Cs. Very similar
expressions may be derived for counterflow and
crossflow heat exchangers. Results of such
analyses have been presented by Kays and London
(Ref. 2-7) for several different types of heat
exchangers. Figure 2-3 shows the variation of e
with UA/Cg for a stationary, counterflow heat
exchanger for values of C s /C j = 0, 0.5, and
1.0.

Another method of transferring heat between
two fluid streams is to alternately pass the hot
and cold streams over a matrix of finite heat
capacity. Such a heat exchanger is known as a
periodic flow regenerator. The fluid streams
may be alternately passed in opposite directions
through two or more separate matrices by con-
trolling the streams themselves; or the streams
may remain fixed in space and the regenerator
matrix passed from stream to stream. The cycle
regenerator in a Stirling engine is an example of
the former, and the rotary regenerator used in
open cycle Brayton engines is an example of the
latter type. An axial flow, rotary regenerator is
illustrated in Fig. 2-4.

The primary advantage of periodic flow regen-
erators lies in the practicability of using a matrix
with an extremely high specific surface area.
For instance, 24-mesh wire screen has a specific
surface area on the order of 103 ftz/ft3. Thus,
very high values of UA may be obtained in a heat
exchanger of compact dimensions. In addition,
since the matrix can be formed of such materials
as wire screen, corrugated metal strips, or a
porous ceramic, it is usually less expensive than .
a stationary heat exchanger of equal capacity.

Among the disadvantages of rotary periodic flow
regenerators are mixing of the two streams due to
carryover and leakage if moving surfaces have to
be sealed. However, their compactness and
simple configuration make them attractive.

The analytical treatment of periodic flow
regenerator performance is a complex subject.
The early work of Nusselt, Hausen and others is
discussed by Jakob (Ref. 2-17).,- These consider-
ations of the problem are summarized by Coppage
and London (Ref. 2-18); however, comprehensive
solutions of the equations describing the operation
of periodic flow regenerators were not available
until the advent of numerical finite difference
methods executed on digital computers. Such
solutions are reported by Bahnke and Howard
(Ref. 2-19), and these solutions, among others,
are presented by Kays and London (Ref. 2-16)
in a format suitable for the design of heat
exchangers.

The effectiveness € of a rotary periodic flow
regenerator is shown in Fig. 2-5. The parameter
NTU for these regenerators is given by

NTU = 7^-
Cs h h <1 3 )

where h^ and hc are the convection coefficients
between the hot and cold fluids and the heat
exchanger matrix, respectively, and where
Ajj and Ac represent the fluid-matrix contact
areas. The variation of i with NTU in Fig. 2-5
is given for values of C r/Cg of 03, 1. 5, and 1. 0,
with Cr being the heat transport rate of the regen-
erator matrix material. The quantity Cr for a
rotary regenerator is given by mCmu, where m
is the mass of the matrix, Cm is the specific heat
capacity of the matrix, and w is the rotational
speed of the matrix in revolutions/unit time.
A limiting case exists when C r/Cs = <*>, where the
variation of « with NTU is the same as for a
counterflow heat exchanger with the dividing wall
between the fluid having no thermal resistance so
that NTU is given by Eq. (13). Figure 2-5 shows
that e increases as C r /Cs increases for con-
stant NTU. However, for Cr/Cs > 5, the gain
in £ is negligible, and values of C r/Cs > 1. 5
give good results. In practice, well-designed
rotary regenerators have values of t on the order
of 0. 90 with good pressure loss characteristics.
Both metallic and ceramic regenerators have
demonstrated t greater than 0. 9 with a total
pressure loss AP/P (the sum of the hot side and
the cold side) of less than 10%.

Values of e on the order of 0. 9 have been
obtained from heat exchangers of reasonable
dimensions and with minimal pressure losses,
which are suitable for use on automotive heat
engines. The precise effect of attainable values
of e on heat engine performance must be deter-
mined from an analyses of the thermodynamic
cycle of each particular engine; however, with
heat recovery near 90% of what is ideally attain-
able, the requirement for heat exchange does not
of itself significantly detract from the performance
of any of the closed-cycle engines, i. e. , the
Rankine and Stirling, or the open-cycle engine
with heat recovery, i.e., the Brayton. However,
the bulk, weight, and cost of three or four heat
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exchangers with high effectiveness impose a
significant handicap on external combustion,
closed-cycle heat engines. The open-cycle Bray-
ton engine with heat recovery requires only one
such heat exchanger; even then, low-cost, high-
temperature materials such as ceramics must be
used instead of high-cost metal alloys to render
these engines economically feasible for automo-
bile propulsion. A primary difficulty with the
regenerated Brayton engine has been the avail-
ability of a low-cost, high-temperature mate-
rial for the regenerator. Recent developments,
magnesium-aluminum-silicate (MAS) and lithium-
aluminum-silicate (LAS), are promising. Heat
exchanger performance and materials are further
discussed in Chapter 5.

2. 4. 3 Combustion Processes

The addition of heat to the working fluid in
the engines under consideration occurs either
directly or indirectly by means of combustion of a
hydrocarbon fuel with air. The nature of the
combustion process varies with the type of thermo-
dynamic cycle on which the engine operates.
Combustion processes common to heat engines
are difficult to generally categorize; however, a
basic distinction between continuous processes
and intermittent batch processes may be drawn.
For stationary OP batch processes, a further dis-
tinction may be made between simultaneous burn-
ing, in which combustion occurs throughout the
fuel-air mixture at approximately the same time,
and progressive burning, in which a flame front
initiated at one point, or several points, in the
fuel-air mixture propagates from the burned
region into the unburned region. In a continuous
flow process, simultaneous burning could occur
as the fuel-air charge moves through the com-
bustion device; while progressive burning can be
thought of as occurring with a stationary flame
front through which the fuel air mixture passes,
being unburned upstream of the flame front and
completely burned downstream of the flame front.
The simultaneous burning process may be accom-
plished by injecting a fuel spray into air which has
been heated to a sufficiently high temperature to
cause the fuel to ignite. Alternately, a premixed
fuel-air charge can be heated to a temperature
high enough to cause ignition. The heating can
result from an adiabatic compression process
over a high pressure ratio or frompassage through
a heat exchanger.

In the discussion so far, no fundamental char-
acteristic of the various means of effecting com-
bustion has been pointed out which unavoidably
must, by physical principle, result in some
undesirable side effect. However, the source of
combustion exhaust gas constituents has yet to
bexdiscussed. The two constituents of the products
of combustion of a hydrocarbon fuel with air which
are the most difficult to eliminate or control are
traces of unburned hydrocarbon compounds HC
and oxides of nitrogen NOx. The HC results
from incomplete oxidation of a trace amount of
the fuel, and the NOx results from the chemical
reaction between nitrogen and oxygen from the
air which proceeds rapidly at elevated tempera-
tures. The formation of NOx and the source of
HC will be further discussed in Chapter 4; how-
ever, two basic observations concerning these
pollutants are required to proceed with this dis-
cussion. Firstly, appreciable formation of NOx

in a combustion process will not occur if the
maximum temperature during the process does
not exceed approximately 3000°F (Refs. 2-21,
2-22). Secondly, appreciable amounts of HC will
not be contained in the exhaust gas if the tem-
perature of the gaseous products after combustion
is high enough (1500-2500°F) for a sufficient
period of time (on the order of milliseconds at
higher temperatures) and in the presence of some
excess air to provide oxygen for the near com-
plete reaction of the hydrocarbon compounds.
Combustion of a hydrocarbon fuel can be accom-
plished without the formation of undesirable
exhaust products if the process occurs within the
proper temperature and time constraints. Other
means of rendering clean combustion are also
possible, an example being after-treatment of
exhaust products.

The maximum temperature reached during
the combustion of a mixture of gases is depen-
dent on the amount of combustible constituent
relative to the inert constituent and on the con-
ditions under which the combustion process is
carried out. The importance of the latter aspect
has been discussed by Taylor (Ref. 2-7), Blum-
berg and Kummer (Ref. 2-8), and Clauser (Ref.
2-9). A comparison of the maximum temperature
reached during a constant volume combustion
process with that reached during a constant pres-
sure combustion process demonstrates the sub-
stantial effect of the conditions under which
combustion occurs. The difference between con-
stant volume and constant pressure heat addition,
i. e. , combustion, may be illustrated by again
referring to T-S coordinates as shown in Fig. 2-6.
The quantity of heat added is represented by
equal areas as given by Q = / Tds; however, the
different paths followed during the heat addition
processes are shown by the constant pressure
line and the constant volume line. For typical
ideal gas properties, a heat addition Q of 1000
Btu/lb of working fluid results in the bulk tem-
peratures shown in Table 2-2 for complete mixing
during heat addition.

Table 2-2. Temperature increase during
heat addition

k

CP

Q

Initial temperature

AT at P = constant

AT at v = constant

1.4

0.25

1000 Btu/lb

500"R

4000°R

5600°R

The constant volume heat addition results in a
final temperature that is 1600°R higher than if
the process occurred at constant pressure. This
temperature difference is given by the following
relation, which may be derived from the ideal
gas equations

T, - T, = (k - 1) ^ (14)
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The temperature difference above occurs with
constant composition, constant properties and
complete mixing of the gas during heat addition
so that the temperature throughout the gas at any
instant during heat addition is uniform. The
actual temperature increase during combustion
is considerably affected by the real thermodynamic
properties of both the fuel-air mixture and the
products of combustion and by the change in
species from reactants to products. However, as
suggested by the comparison of processes with
ideal gases to processes with fuel-air mixtures
and the products of combustion given by Taylor
(Ref. 2-7), the temperature difference between
constant pressure and constant volume heat addi-
tion for ideal gases is indicative of that which
occurs in actual processes.

The temperature increase of the various
elements of a fuel-air mixture which progressively
burns at nearly constant volume in an Otto engine
without mixing is discussed by Blumberg and
Kummer (2-8). According to their results, the
first element of the charge to burn in the combus-
tion process will experience a temperature rise
of about 600°R after combustion due to compres-
sion as the remaining elements burn. The sub-
stantial differences in the NOx produced by the
first and last elements to burn are due to the
much longer period of sustained higher tempera-
ture that the f irst element experiences. The ratio
of NOx concentration between the first and last
elements to burn is also strongly dependent on
fuel-air ratio. For mixtures near stoichiometric,
the ratio between the NOx production of the first
element and the last element to burn is about 6:1,
and for lean mixtures (<f>2 = 0.7) it increases to
about 60:1. For the same cases the overall NOx
concentrations after complete burning are 4400
ppm and 1600 ppm, respectively. Blumberg and
Kummer also present analytical results for com-
pletely mixed combustion. The net effect is to
reduce the overall NOx production by up to 15%
for lean operation (<k =* 0. 7) because the first ele-
ments to burn are quenched via mixing with the bal-
ance of gas. In contrast, for near-stoichiometric
and slightly richer mixtures, the overall NOx
production is higher for mixed combustion.

The overall NOx production which is commen-
surate with a 0. 4 g/mi emission is extremely low.
The relationship between engine emissions and
vehicle emissions is briefly addressed in Ref.
2-21. The average spatial emission rate of a
pollutant from a vehicle in grams per mile
traveled may be expressed as

(gm/mi)

pollutant
from
vehicle

(gm of pollutant/kg
fuel burned)

engine emissions
index, El

X (kg fuel burned/mi)
i ~™^^^ "̂̂ ™ "̂̂ ~""̂
engine/vehicle fuel

consumption

(15)

For vehicular economy between 10 and 20 mpg
an El for NOx from about 1.4 to 2.8 is required,
respectively. The engine El may be related to
the volumetric concentration of a pollutant in the
exhaust gas in parts per million (ppm) by the
relation (El x 10-3) = (ppm x 10-6) [(Mp/Me)(l +
G/F)], ' where Mp is the molecular weight of the
pollutant, Me is the average molecular weight of
the exhaust products, and G/F is the gas (all con-
stituents other than fuel) to fuel mass ratio of the
mixture before combustion. For stoichiometric
combustion of gasoline and air with no diluents,
the average NO£ concentration in the final exhaust
products must be about 56 ppm for a vehicle giv-
ing 10 mi/gallon over the FDC-U to have an
average NO2 emission of 0.4 g/mi. For a
vehicle giving 20 mi/gal powered by an engine
with a 60:1 overall air-fuel mass ratio, the
average NO2 concentration in the exhaust must be
about 29 ppm to have an emission of 0.4 g/mi.

The NOx concentration actually present in the
untreated exhaust of a typical uncontrolled, near-
stoichiometric Otto engine is about 4000 ppm
when the engine is under a load. Clearly, the
temperature which results from a stoichiometric
combustion process of a typical hydrocarbon fuel
with air, whether at constant volume or constant
pressure, is above the "threshold" temperature
for NOx formation; consequently, the temperature
must be reduced. It must be emphasized that
NOx formation is a complex kinetic problem in
which both temperature and time are important,
as discussed in Refs. 2-22 through 26. A reduc-
tion of the combustion temperature may be
accomplished by increasing the inert portion of
the fuel-air mixture through burning at fuel-lean
mixture ratios, i.e., with excess air, or through
introduction of a readily available inert gas, i. e.,
exhaust gas recirculation. The temperature dur-
ing combustion may be sufficiently reduced by
either or both of those techniques to virtually
eliminate NOx formation. However, depending
on the type of engine, such a restriction can
adversely affect specific power. In particular,
the lower heat addition allowable for a limited
maximum temperature in a quasi-constant
volume combustion process reduces the specific
power of Otto engines.

Currently available experimental data (Refs.
2-10, 2-11, and 2-12) shows that as the amount
of fuel in a fuel-air mixture is reduced, a value
of the fuel-air ratio is reached below which the
mixture will not sustain combustion. The lean
limit of combustion at atmospheric pressure for
typical hydrocarbon-air mixtures initially at
room temperature occurs at an equivalence ratio
4> between 0. 5 and 0. 6. A flame front will simply
not propagate in mixtures which have a greater
amount of excess air. The lean limit of combus-
tion is extended as the initial temperature of the
mixture is increased; however, experimental
data on this effect is limited. The velocity of
flame front propagation has been investigated by
Clauser (Ref. 2-12) with an apparatus which per-
mits measurements at extremely slow flame front
velocities. These measurements suggest that
the variation of flame front velocity with 4> is

"The fuel/air mass equivalence ratio is [(actual fuel/air mass ratio)/(stoichiometric fuel/air mass
ratio)].
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steep in the lean region. A decrease in flame
velocity implies that the time for combustion in
an intermittent or batch process will be greater,
and that the length required for complete combus-
tion in the direction of motion in a steady flow
process will increase. Furthermore, the time
rate of heat release dQ/dt is dependent on the
rate of flame propagation; thus dQ/dt will
decrease with lean mixtures. A similar effect
occurs with exhaust gas recirculation. These
observations apply to hydrocarbon fuel and air
mixtures only and do not consider the effects of
the addition of a combustion-promoting agent
such as hydrogen. Lean combustion and exhaust
gas recirculation (EGR) are further discussed in
Chapters 3 and 4.

The power and thermal efficiency of inter-
mittent combustion, open cycle engines — the
Otto and the Diesel — is normally not limited by
flame speed or dQ/dt. However, operation with
very lean mixtures or with large amounts of EGH
may restrict dQ/dt such that power and/or ther-
mal efficiency are significantly reduced, unless
the time rate of heat release is increased via
rapid motion of the mixture (turbulence). The
experiments of Bolt and Harrington (Ref. 2-10)
and the experimental work with Otto engines
reported by Simko et al. (Ref. 2-13) and in Refs.
2-14 and 3-24 offer some confirmation of the bene-
ficial effects of turbulence on flame speed. The
most consistently appearing effect of operation
with a fuel-air mixture which is sufficiently
diluted by excess air or EGR to inhibit NOx forma-
tion is an increase in HC emissions. Accompany-
ing the reduced flame speed with severe dilution
is, of course, a lower maximum temperature
during combustion. The combustion products are
rapidly cooled during expansion, which may result
in insufficient time at a high enough temperature
to oxidize the HC. Consequently, heat engines
which incorporate internal, intermittent combus-
tion of highly diluted mixtures have experienced
difficulty in simultaneously reducing both HC and
NOx to very low levels without loss of power and
efficiency.

The continuous, constant-pressure combus-
tion process may be implemented so that the
length along the flow path is sufficient to provide
the time required for virtually complete oxida-
tion of HC. The length for complete combustion
may be reduced by the utilization of grids or
screens as flame holders which serve as multiple
ignition points as the fuel-air mixture passes
through them. If the spatial restrictions on
steady-flow combustion devices are not so severe
that us'e of the above techniques is precluded,
such combustion devices can be designed to
virtually eliminate HC and NOx. There is also
evidence that droplet burning must be avoided to
prevent excessive NOx formation, at least if
considerable exhaust gas recirculation- is not to
be used. A prevaporizing and premixing, continu-
ous, constant-pressure combustor •which burns a
lean, homogeneous fuel-air mixture and produces
extremely low emissions is discussed in Ref.
2-21. Such a combustor could be used on either a
regenerated Brayton or a Stirling engine, since
in these engines the combustion air is sufficiently
preheated to vaporize the fuel. Other schemes of
prevaporization are possible but more complex.

The heat engines which utilize a continuous,
constant-pressure combustion process have
extremely low emissions, and through proper
design such combustion devices can be adequately
compact. The simultaneous achievement of high
specific power (i.e., low engine weight), excel-
lent thermal efficiency, and extremely low emis-
sions is much less difficult if the thermal effi-
ciency and specific power are decoupled from the
time interval required for combustion. This
situation occurs with the three continuous com-
bustion alternates — the Brayton, the Stirling,
and the Rankine engines. With such decoupling,
the attainable thermal efficiency and the specific
power are limited by the thermodynamic cycle on
which the engine operates and the machinery with
which the cycle is implemented, not by the time
required for combustion.

2. 5 ATTAINABLE EFFICIENCY OF HEAT
ENGINES

The efficiency attainable by a practical heat
engine is the result of a complex interaction among
numerous factors, some of which have been men-
tioned above. In spite of this complexity, basic
observations can be drawn which are pertinent to
the attainable efficiency of heat engines. Consid-
eration of the constraints involving temperature
and time which are applied by pollutant emission
and the properties of structural materials is
essential to these observations.

2. 5. 1 Thermal Efficiency of Heat Engines

The thermal efficiency of a reversible heat
engine with an ideal gas working fluid, no heat
losses, and which does not incorporate post-
expansion heat recovery may be expressed by the
Carnot relation [1 - (TL/TH)]. providing the
temperatures at proper points in the cycle are
used for Tj_, and Tjj. For example, the efficiency
of an ideal Otto cycle is given by n = 1 - ( v j / vg ) ,
where v j /V2 is the cycle compression ratio; how-
ever, (vj/vz)1"1* = TJ/T2, so the ideal Otto cycle
efficiency is r) = 1 - T j /T2 . Similar remarks
apply to the ideal simple Brayton cycle where the
thermal efficiency is also given by 1 - ( T j / T 2 > .
In all these cases Tj may be taken as the prevail-
ing ambient temperature, and T2 is the tempera-
ture at which heat addition from the high-tempera-
ture source must begin. The efficiency of cycles
in which the isentropic expansion ratio differs
from the isentropic compression ratio, such as
the limited pressure Diesel cycle, cannot be
expressed simply in terms of Tj and T2- But
except in extreme cases, TI and T2 dominantly
affect the thermal efficiency.

As indicated by the Carnot relation, the
thermal efficiency of heat engines may be
improved through an increase of the temperature
at which heat addition from the high-temperature
source begins. Such an increase in T£ may be
accomplished either by increasing the compres-
sion or pressure ratio of the engine or by limit-
ing the pressure ratio and utilizing post-expansion
heat recovery, i. e., regeneration. These two
different approaches are illustrated in Fig. 2-7
on T-S coordinates. A Brayton cycle which
incorporates post-expansion heat recovery is
shown by the solid lines connecting points 1, 2r,
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2e, 3, and 4, while a simple Brayton cycle is
shown by solid lines connecting points 1, 2s, 3s,
and 4s.

The efficiency of a reversible, perfectly
regenerated Brayton engine with an ideal gas
working fluid may be shown to be

2r
T3

(16)

Since T2r is determined by the cycle pressure
ratio, T} for the regenerated engine increases as
T2f falls, if 73 is held constant. The minimum
value of T?2r occurs with P2r/Pl = 1 an<* *s the
ambient temperature Tj. Thus, at P2r/^l = *•
which corresponds to zero work output, T) has a
maximum value of 1 - (545/2360) or 77%. At
this point, the ideal cycle efficiency is identical
to the Carnot limit at the maximum and minimum
temperatures occurring anywhere in the cycle.
In contrast, the n of a simple Brayton or Otto
cycle is determined not by the maximum cycle
temperature T3 after heat addition but by the
temperature at which heat addition must begin,
i.e., T£. Obviously, the efficiency of heat
engines cannot be usefully compared at zero work
output. For various practical considerations,
regenerated Brayton engines with P2r/^l being
about 4 at maximum power have been considered
for automobile propulsion. At P2r/Pl = 4 with a
working fluid for which k = 1.4 and TS = 2360 °R,
the n for a regenerated cycle is 66%. A simple
cycle would have to operate with P2s/Pl = 42 to
have the same efficiency, which corresponds to

= 1 5 .

The distinction between the simple Otto and
the simple Brayton cycles lies in the nature of the
heat addition process. The heat addition occurs
at constant volume in the Otto cycle and at con-
stant pressure in the Brayton cycle. Consequently,
.for a fixed value of T2, which determines r\, the
maximum temperature T3 for equal heat addition
is substantially higher in an Otto cycle engine
than in a Brayton cycle engine. These observa-
tions apply to cycles with the same work output
per mass of working fluid and with the same
ambient temperature Tj. If the constant volume
heat addition process is imagined to replace the
constant pressure process in Fig. 2-7, the dis-
cussion pertaining to regeneration given above
applies to the Otto cycle in an exactly analogous
manner, with T3 higher due to the increased AT
for the same heat addition.

The maximum temperature in any heat engine
which is to have very low emissions must, first
of all, be limited by the temperature at which
NOx formation is prevalent. Additionally, the
mechanical rupture and/or creep strength of the
structural materials used for the high-temperature
components must be adequate, and other materials
properties such as corrosion resistance and
fatigue strength must be considered. The maxi-
mum temperature limitation imposed by NOx for-
mation will allow excellent thermal efficiency in
an engine whose efficiency is determined by that
temperature. Present metallic materials tech-
nology imposes a maximum temperature limit for
continuous exposure with adequate properties

which is considerably below the threshold of NOx
formation. Only with the advent of very-high-
temperature materials will the temperature of
NOx formation be an efficiency limiting factor for
heat engines in which the structural materials
must continuously sustain the maximum cycle
temperature.

2. 5. 2 Engines with Lower Attainable
Efficiency

The Otto and Rank in e engines suffer funda-
mental limitations which cannot be overcome by
refinements in the machinery with which the
thermodynamic cycle is implemented. These
engines are discussed at length in their respec-
tive chapters, so only a few remarks are in order
here.

The attainable efficiency of the Otto engine
is limited by the compression ratio which can be
used in practice. The pre-ignition and detonation
characteristics of liquid petroleum fuels restrict
the Otto engine to compression ratios of about
8:1 to 10:1, which is far below that required for
high efficiency. Post-expansion heat recovery is
a difficult, perhaps impossible, process to incor-
porate in an Otto engine of conventional design.
The exhaust heat recovery process in any regen-
erated cycle must occur in the cycle after the
compression process and before heat addition
from the high-temperature heat source. The
physical configuration of the combustion chamber
of conventional Otto engines is so spatially
restricted and the time interval available for heat
exchange is so small that the incorporation of a
reduced expansion ratio in conjunction with post-
expansion heat recovery is precluded. The Otto
engine is further limited in its capability to have
low NOx emissions by the constant-volume heat
addition process, since such a process results in
a large temperature increase of the working fluid
for a given quantity of heat addition. Thus, both
the attainable thermal efficiency and the low
emissions capability of the Otto engine are
restricted by the nature of the processes on which
it operates.

The Pankine cycle heat engine utilizes a work-
ing fluid which changes state between the liquid
and the vapor during execution of its path of
thermodynamic states. The Rankine cycle, like
the Brayton, is made up of constant-pressure heat
addition and rejection processes and adiabatic
compression and expansion processes. The dis-
tinctive features of Rankine cycle are that the
fluid is condensed to a liquid during heat rejec-
tion, then pumped as a liquid to the maximum -
cycle pressure and vaporized to a gas during heat
addition. Thus, the path of thermodynamic states
of the Rankine cycle is superimposed on the dia-
gram of the thermodynamic properties of the
working fluid in the liquid-vapor region. On
cursory consideration, the virtually negligible
work required to pump the liquid working fluid
from minimum to maximum cycle pressure seems
to be advantageous. But this process must be
preceded by condensation of the working fluid
with the accompanying heat rejection and is
succeeded by vaporization of the working fluid
with the accompanying heat addition. Taken as a
whole, the detrimental effect of these processes
on the thermal efficiency of a Rankine engine may
be illustrated by comparing the Rankine cycle
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with the Brayton cycle on T-S coordinates, as
shown on Fig. E-8. Each of the cycles has the
same maximum working fluid temperature of
1900°F and the same minimum working fluid tem-
perature of 212°F and are executed with water as
the working fluid having the properties given in
Ref. 2-20. The effect of the condensing working
fluid is illustrated by computing the ideal cycle
efficiency with perfect regeneration3 for both
Rankine and Brayton cycles operating between
the same minimum and maximum pressures.
This comparison of Rankine and Brayton cycles is
made at a maximum cycle pressure of 59 psia,
which corresponds to a cycle pressure ratio of
4:1, and at 2000 psia, which corresponds to a
cycle pressure ratio of 136:1. Thus, four differ- .
ent thermodynamic cycles are shown in Fig. 2-8.

Beginning at state 3a (1900°F, 59 psia) or
3b (1900°F, 2000 psia) in Fig. 2-8, the paths of
states of the working fluid for the Rankine and
Brayton cycles are identical through states 4a
and 4b down to state 1. The paths of states thus
far have included both expansion and heat rejection
for the Brayton cycles. However, at state 1 the
Rankine cycle working fluid condenses to point 5
for both the high- and low-pressure cycles. Then
the liquid working fluid is pumped to 59 or to
2000 psia, and heat is added from regeneration
and from the high-temperature source to carry
the working fluid through states 6a or 6b and 7a
or 7b to reach state 3a or 3b, respectively.

The processes involving condensation, pump-
ing, and revaporization may be avoided by com-
pressing the working fluid from state 1 directly
to state 2a or 2b, respectively, for the low or
high pressure Brayton cycle. This isentropic
compression process requires a high work input
that must be provided from the expansion work.
However, the greater compression work of the
Brayton cycle does not impose as large a penalty
in overall cycle thermal efficiency as does the
additional heat required from the high-
temperature source to complete the condensation,
pumping, and vaporization processes of the
Rankine cycle. Therefore, the thermal efficiency
of the Rankine cycle heat engine is reduced by the
utilization of a condensing working fluid. The
comparison of cycle efficiencies is shown in
Table 2-3. Improvements in the Rankine cycle
which result in higher efficiency, such as reheat
during expansion, are either already incorporated
in the Brayton or Stirling cycles or can be incor-
porated with the attendant increase in cycle
efficiency.

Table 2-3. Comparison of the thermal
efficiencies of Rankine and
Brayton cycles with ideal
processes and H2O as the
working fluid

2. 5. 3 Engines with Higher Attainable
Efficiency

STIRLING ENGINES

The heat addition process for the regenerated
Brayton cycle occurs with no energy being simul-
taneously educed as work from the working fluid;
consequently, the working fluid must undergo a
temperature increase during heat addition. And
the thermal efficiency of the cycle was seen to
reach a maximum as the cycle work output

Cycle

Rankine

Brayton

Rankine

Brayton

max'
psia

59

59

2000

2000

max'
°F

1900

1900

1900

1900

min'
psia

14.7

14.7

14.7

14.7

min'
°F

212

212

212

212

T.
%

25

61

45

66

approached zero. Only at this condition was r\
determined by the ratio of the minimum cycle
temperature to the maximum cycle temperature;
in all other cases, t| was determined by the tem-
perature ratio T2r/T3, not T j /T 3 . This situa-
tion directly follows from the compression and
expansion processes being carried out adia-
batically, and may be changed through the utiliza-
tion of isothermal compression and expansion
processes. The result is that the working fluid
experiences no temperature increase during heat
addition from the high temperature source since
expansion is simultaneously occurring. The ideal
Stirling cycle incorporates both regeneration and
isothermal work processes, resulting in the effi-
ciency of the cycle being determined by the ratio
of the minimum to the maximum temperature
occurring in the cycle, i .e . , T j /T3, which gives
77% with TI = 85 F and T3 = 1900 F. The ideal
Stirling cycle efficiency is the absolute maximum
that can be attained between the lowest and highest
temperatures which the working fluid experiences.
And this efficiency is obtained with a f inite work
output, in contrast to the situation with adiabatic
expansion and compression.

However, the inference given above pertain-
ing to the temperature which the working fluid
actually experiences may prevent the theoretical
advantage of the Stirling cycle from being realized
in practice. The open-cycle heat engines enjoy
an advantage in that the heat addition process is
not handicapped by having to occur through the
surfaces which confine the working fluid at high
temperatures and pressures. Hence, in an open-
cycle heat engine, the working fluid temperature
may be the maximum temperature of combustion,
and the maximum combustion temperature can be
somewhat greater than the temperature of the
engine structure; whereas, in a closed-cycle
engine, the maximum working fluid temperature
must necessarily be less than that of the heat
exchanger structure which is limited by maximum
materials temperature. No practical open-cycle
implementation of the Stirling cycle has been
developed since the early hot air engines, and

Regeneration is not possible for the high pressure Brayton cycle since the temperature after com-
pression is greater than the temperature after expansion.
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considerations of power output per system volume
and weight make such open-cycle engines unsuit-
able for automotive propulsion. Consequently,
only closed-cycle Stirling engines have been
developed for automobile application. Any closed-
cycle engine requires multiple stages of heat
exchange, and although highly efficient, the
temperature drops of such processes handicap
the Stirling engine. This handicap in conjunction
with the practical difficulty of implementing iso-
thermal work processes makes the highly regen-
erated or high expansion cycles with adiabatic
work processes comparable in overall efficiency,
as can be seen by comparing the efficiencies of
the different engines in the Mature and Advanced
configurations.

BRAYTON ENGINES

Given the observation that excellent thermal
efficiency can be attained through utilization of
either high expansion or regeneration, some
basis for selection of one of these alternate
approaches would be desirable. Unfortunately,
thermodynamic considerations provide little
information in this regard. However, the
experience to date with practical implementation
suggests that regeneration may be the more
fruitful approach because of the reduced efficiency
of compression and the more stringent structural
requirements that accompany very high pressure
ratios.

Brayton engines which incorporate aero-
dynamic compressors and turbines are limited
to moderate pressure ratios unless expensive
multistage axial flow compressors are used. This
limitation is imposed by the reduced efficiency
which is attainable at high pressure ratios in a
single stage of compression. At low pressure
ratios of about 3 to 6:1, efficiencies in excess of
80% are attainable over a wide operating range
with a single stage of compression; however, at
pressure ratios approaching 10:1 the attainable
efficiency with a single stage of compression
begins to rapidly fall off. Therefore, if economic
considerations preclude the use of multistage
compressors, aerodynamic machinery cannot be
used to reach high pressure ratios. And, as sub-
sequently discussed, even such multistage com-
pressors do not have a sufficiently high efficiency
at the pressure ratio required to enable simple
cycle engines to achieve thermal efficiencies com-
parable to regenerated engines. In light of these
circumstances, Brayton engines utilizing positive
displacement machinery have been proposed to
reach the high pressure ratios required for a
thermal efficiency near that of low pressure
ratio, regenerated engines.

The positive displacement, high-expansion
Brayton engine would have the combustion pro-
cess occur continuously at constant pressure in a
single combustion chamber which feeds the
expander through inlet valves, as discussed by
Warren (Ref. 2-15) and by Clauser (Ref. 2-12).
The continuous combustion process could occur
via autoignition of injected fuel, or the fuel may
be prevaporized and premixed with air before
burning. Most likely, the latter process is
required, because extremely low levels of NOx
formation and simultaneous elimination of HC
and particulates may not be attainable with drop-
let burning. Such a high-expansion Brayton .

engine would suffer from the limited air handling
capability of positive displacement machinery,
which results in a larger weight and volume for a.
given power output.

In addition to lower specific power (Bhp/lb),
it is likely that, for the same temperature at the
beginning of heat addition from the high-
temperature source (T2 or T2r)» the maximum
efficiency which can be reached by increasing the
pressure ratio to very high values with positive
displacement machinery is lower than that which
can be reached by limiting the pressure ratio and
utilizing post-expansion heat recovery. This
hypothesis follows from the observation that at
the very high pressure ratios (>40) required for
the simple Brayton cycle engine to have a thermal
efficiency comparable to that of a regenerated
Brayton cycle engine, the actual heat and friction
losses associated with high compression tempera-
tures and pressures preclude the attainment of an
adequately high compressor efficiency. The
same argument applies to increasing the pressure
ratio to similar high values with multistage aero-
dynamic machinery. Therefore, the low pres-
sure ratio Brayton engine with aerodynamic
machinery which incorporates post-expansion
heat recovery deserves careful consideration due
to its promising thermal efficiency and specific
power.

2.5.4 Concluding Remarks

The thermal efficiency and combustion system
characteristics for different types of engines are
shown in Table 2-4. The ideal thermodynamic
cycle efficiencies with actual working fluid
properties are shown only for Mature technology
temperatures. The brake efficiency of the differ-
ent engines as estimated by the methods described
in Chapters 3 through 7 is given for both the
Mature and Advanced technologies. The Brayton,
Stirling and Diesel engines stand out as having
comparably high efficiencies in the Mature
technology, and the Brayton has the highest effi-
ciency in the Advanced technology. The three
continuous combustion engines can also have
extremely low emissions of both HC and NOx
without exhaust gas after-treatment, and the
attainment of low emissions in these engines is
not coupled to the thermal efficiency.

The regenerated Brayton cycle and the Stir-
ling cycle both have a limited expansion ratio and
post-expansion heat recovery. Theoretically,
the maximum thermal efficiency occurs with a
cycle which incorporates both isothermal
expansion/compression processes and perfect
regeneration. In practice, the implementation of
isothermal work processes has proven to be at
odds with any sort of reasonable power-to-size
ratio. The work processes in an actual Stirling
engine more closely resemble those adiabatic
work processes which would occur in an external
combustion, closed-cycle, low compression
ratio engine with regeneration which operates on
the Otto cycle than those of the ideal Stirling
cycle.

Effective regeneration is feasible only /or
those engines whose physical configuration is
amenable to the incorporation of heat exchangers
through which the working fluid must pass after
compression and after expansion. The open-cycle
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Table 2-4. Characteristics of heat engines

Cycle thermal efficiency, %

Mature technology
temperatures

Advanced technology
temperature

Engine type Ideal:
Mature engine

(brake)
Advanced engine0

(brake) Combustion system

Brayton (regenerated)

Press ratio = 4:1
Ambient temp = 85 °F
T = 1900T

66 33 46 Continuous, internal,
combustion, open cycle

Stirling

Tu = 1400°Frl

TT = 160°F

67 36 41 Continuous, external
combustion, closed
cycle

Rankine

Expansion inlet
temp = MOOT

Expansion ratio =
12:1

Expansion inlet
pressure = 2500 psia

33 24 34 Continuous, external
combustion, closed
cycle

Diesel (limited
pressure)

Compression
ratio = 15:1
Equivalence
ratio = 0. 6

55 32 35 Intermittent, internal
combustion, open
cycle

Otto (spark ignition)

Compression
ratio = 8:1

Equivalence
ratio = 0. 8

45 27 29 Intermittent, internal
combustion, open cycle

Engine parameters are only for the Mature engine; the Advanced engine parameters are given in
Chapters 3 through 7.

Ideal thermodynamic cycle with Mature technology temperatures, reversible processes, and
actual working fluid properties.

°Component efficiencies and temperatures as defined in Chapters 3 through 7 and Section 2.2.

Brayton engine is well suited for regeneration
due to the physical separation of the individual
components which perform the thermodynamic
functions, and the Stirling engine is a closed-
cycle machine with a similar separation of com-
ponent functions. The low pressure ratio regen-
erated Brayton engine enjoys the advantages of an
open-cycle machine and can be mechanized with
aerodynamic compressors and expanders of
extremely high air handling capacity and good
efficiency. Therefore, such engines are most
compact for a given power output.

The regenerated, open-cycle Brayton engine
and the Stirling engine have the greatest potential
for development of an automotive engine which
simultaneously provides superior fuel economy
and extremely low emissions. The Brayton
engine is a less complex machine than the Stirling
engine, while, theoretically, the Stirling cycle
offers the highest efficiency for a given maximum
temperature of the working fluid in the engine.

Efficiency must be considered in concert with
emissions characteristics, weight, and the cost
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of producing the engine, among other factors.
These characteristics taken together in an engine/
vehicle combination are elucidated in the succeed-
ing chapters on each type of power system. The
necessity for a balanced consideration of the often
conflicting requirements that a heat engine must
satisfy is no better stated than by Sadi Carnot
(Ref. 2-1) in 1824:

"We should not expect ever to utilize in
practice all the motive power of com-
bustibles. The attempts made to attain
this result would be far more hurtful
than useful if they caused other impor-
tant considerations to be neglected.
The economy of the combustible is only
one of the conditions to be fulfilled in
heat-engines. In many cases it is only
secondary. It should often give pre-
cedence to safety, to strength, to the
durability of the engine, to the small
space which it must occupy, to small
cost of installation, etc. To know how
to appreciate in each case, at their true
value, the considerations of convenience
and economy which may present them-
selves; to know how to discern the more
important of these which are only
secondary; to balance them properly
against each other, in order to attain
the best results by the simplest means:
such should be the leading character-
istics of the man called to direct, to
coordinate the labors of his fellow
men, to make them cooperate towards
a useful end, whatsoever it may be. "
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3. 1 DESCRIPTION (2) Compression of the charge.

3. 1. 1 Introduction

The engine employed in all but a small per-
centage of present passenger automobiles is the
(near-stoichiometric) uniform-charge, spark
ignited, intermittent-internal combustion engine,
which has evolved from the four-stroke-cycle
internal combustion engine invented by Nikolaus
Otto in 1867. Over the past decade, various mea-
sures have been adopted to control the air
pollutants emitted in its exhaust, culminating in
the present catalytic and thermal exhaust con-
verter systems. For brevity, this type of engine
is referred to in the remainder of this report as
the "UC Otto" engine (other reports use the abbre-
viation SI-ICE).

A fairly concise history of the engine is given
in Ref. 3-1. Although initially competing with
steam and electric powerplants, the UC1 Otto
powerplant gained dominance of the passenger
automobile application by virtue of its light weight
(high specific power) and vehicle range capability
(good fuel economy). Its early rapid progress
was due largely to the technical and production
innovations of Benz, Daimler, and Ford. Today,
after more than 90 years of development and
refinement, the UC Otto engine is the most well
characterized and best understood automotive
engine. As such, it is familiar to, and accepted
by, the public of all industrialized nations, and
lies firmly entrenched in the heart of one of the
world's largest industries.

In consequence, were there no exogenous
pressures on the automobile industry, the UC
Otto engine would continue to be the automotive
powerplant of choice throughout the forseeable
future. Even in the face of environmentalist pres-
sures for more stringent emissions control and
public demand for better fuel economy (resulting
from the recent oil "crisis"), the tremendous
economic inertia of the Otto-engined auto industry
resists changeover to an alternate engine, meet-
ing these new demands instead with add-on devices
to clean the exhaust and (predominantly) vehicle
changes to improve fuel economy. For this
reason the UC Otto engine, with its evolving
exhaust aftertreatment systems and minor effi-
ciency improvements, is taken to be the MOVING '
BASELINE powerplant - the "titleholder" which
all "challengers" must meet — in the context of
this study. This chapter is, hence, entirely
devoted to exposition of the likely developments
of the UC Otto powerplant. More drastic modifi-
cations of the Otto-cycle engine, such as strat-
ified charge configurations and other (ultra)lean
burning alternatives, are discussed with the
Diesel engine in Chapter 4.

3.1.2 Morphology

The basic Otto heat engine cycle consists of
the following steps, cyclically repeated:

(1) Intake of a charge of fresh air and fuel
into the working space.

(3) Ignition of the air/fuel mixture by a
spark near the end of compression, with
subsequent combustion at near constant
volume.

(4) Expansion of the hot gas mixture, with
extraction of useful work.

(5) Exhausting the spent gas mixture from
the working space.

There can be an almost endless variety of possible
mechanizations of this cycle. Required, from a
fundamental standpoint, are: a working space or
"cylinder" provided with the means to introduce
(or produce) the uniform air/fuel charge and vent
the combustion products; a compressor/expander
mechanism, invested with some sort of periodic
motion within that working space, to effect
compression/expulsion and extract the useful
expansion work; and a properly timed ignition
source. Although one such working space would,
in principle, serve the purpose, other considera-
tions (e.g. , smoothness of power delivery, power
density, packaging, etc. ) dictate multiple
"cylinders" in automotive application. One pos-
sible scheme for categorizing the commonly used
automotive Otto engines is depicted in the simp-
lified morphological "tree" of Figure 3-1. Here,
the major distinction is by type of compressor/
expander; whether reciprocating — the conventional
piston-cyclinder type of engine —or the compara-
tively recent rotary type. By far the preponder-
ance of automobiles on the road — all American
and most fore ign— employ reciprocating engines.
Small cars typically have had lower power engines
of 4 or 6 cylinders in either opposed or inline
configuration, while large cars typically have
had higher horsepower engines of the V-8 con-
figuration. More recently, two foreign manu-

• facturers — NSU-Audi of Germany and Toyo Kogyo
of Japan —have been producing lines of single-
rotor and twin-rotor rotary-engined vehicles of
the Wankel configuration, and some other manu-
facturers have considered following suit. Most
of these vehicles have carbureted engines,
although port fuel injection is presently employed
in a few of the reciprocating-engine vehicles.
Most of the engines, likewise, are water-cooled,
but some of the smaller engines (notably in
Volkswagens, Porsches and the now-defunct
Corvair) are air-cooled.

3.2 CHARACTERISTICS

3. 2. 1 Thermodynamics of Otto Cycle Engines

The thermodynamic processes that occur in
the operation of spark ignition, internal combus-
tion engines are conceptually represented by the
ideal Otto cycle. The four processes comprising
the ideal Otto cycle are shown on p-V and T-S
coordinates in Figure 3-2. These four processes
are isentropic compression, from state (T) to (2},
constant volume heat addition fromY^ to (5) ,
isentropic expansion from (_3) to (4J7 and con-
stant volume heat rejection from (4) to (T). The

1The abbreviation "UC" in the term "UC Otto" was derived from Uniform-charge and exhaust Converter
system.
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thermal efficiency n,^ of an ideal Otto engine is
given by the ratio of the net work output of the
cycle with an ideal gas working fluid to the heat
addition during process (^ to (|). Application
of the thermodynamic relations describing an
ideal gas during each of the four processes, along
with the first law of thermodynamics and the
definition of iit, gives the expression

= 1 - r (4-1)

for the ideal Otto cycle. Equation (4-1) shows
that nt for an ideal Otto cycle with constant vol-
ume heat addition is dependent only on the com-
pression (or expansion) ratio of the engine. This
observation should not be confused with the erron-
eous statement that "the efficiency of an Otto
engine is not dependent on temperature, " because
the geometric characteristic of the engine ( V j ^ / V , )
and y determine the temperature T2 at which
heat addition commences.

The operation of an Otto engine is more con-
veniently idealized by the constant volume fuel-
air cycle with the ideal four-stroke induction
process. The fuel-air cycle considers the actual
thermodynamic properties of the fuel-air mixture,
the pressure in the cylinder at the beginning of
compression, and the pumping work required dur-
ing the induction and exhaust processes. Taylor
(Ref. 3-2) extensively discusses the fuel-air
cycle and makes a comparison with real cycles.
The thermal efficiency of both the fuel-air cycle
and the ideal air cycle are presented in Figure
3-3 as a function of compression ratio V j / V 2 ,
with the fuel-air cycle efficiency given at values
of fuel/air equivalence ratio (<t>) of 0. 8 and 1. 0.
Figure 3-4 shows an ideal air cycle, a fuel-air
cycle, and an actual cycle plotted on p-V coordin-
ates, all cycles with equivalent heat addition.
The area enclosed by the p-V trace of the ideal
air cycle is larger than that of the fuel-air cycle,
and this difference in net work of the cycles
(enclosed area) for the same heat addition is
reflected in Figure 3-3 by the lower efficiency of
the fuel-air cycle. The lower net work of the
fuel-air cycle is primarily due to the thermo-
dynamic properties of fuel-air mixtures and to
the effects of elevated temperature and pressure
on the equilibrium composition of the products of
combustion.

The actual pressure-volume trace of the
working fluid during one cycle of operation of an
Otto engine differs considerably from that of the
fuel-air cycle with equivalent thermodynamic
parameters, i. e. , fuel composition, initial tem-
perature and pressure, and compression ratio.
For comparisons of this type, the pumping work
of the inlet and exhaust processes is not taken as
a part of the fuel-air cycle so that a consistent
comparison with engine indicated cylinder work
is possible. Taylor attributes this difference to
noninstantaneous combustion losses ("time
losses"), heat losses, and exhaust blowdown
losses. These losses combine to reduce the
indicated work produced by an actual Otto cycle
engine to about 80% of that of the equivalent

fuel-air cycle, for automotive-size cylinders. The
ratio of actual to fuel-air cycle efficiency ranges
from about 85% at ~ V \ / ^ 2 ~ 4» through 78% at
V1/V2 = 8, to about 75% at V j / V 2 = 10. The
lower fraction of fuel-air efficiency obtained by
the higher compression ratio engines is perhaps
due to the increased heat losses associated with
the higher temperatures of such engines and to
increased frictional losses. Taylor reports the
results of tests on a single cylinder engine with
V ^ / V 2 = 8 in which the time loss, heat loss, and
exhaust blowdown loss were found to be 30%, 60%,
and 10%, respectively, of the difference between
indicated cycle work and fuel-air cycle work,
where indicated work was about 80% of fuel-air
cycle work. The time loss appears to be rela-
tively unaffected by changes in engine operating
conditions or variations within the usual range of
design parameters so long as optimum spark
timing is maintained, and the exhaust blowdown
loss is small but likely required for good mixture
scavenging. However, the heat loss is influenced
by cylinder size, and ratios of actual to fuel-air
cycle efficiency of 0. 90 have been observed in
large aircraft engine cylinders with V j / V £ = 6. 5
(Ref. 3-2).

An estimate of the indicated efficiency of
Otto cycle engines is also shown in Figure 3-3.
Engines with compression ratios of about 8:1 gen-
erally have indicated thermal efficiencies ranging
from 30% to 34%. The net shaft work of Otto ..
engines is less than the indicated work due to..the
effects of internal mechanical friction, pumping
work during throttled operation, and the work
required to drive engine components that
usually include the lubricating oil pump, the
liquid coolant pump, and the ignition system dis-
tributor. The losses due to internal friction and
throttling are the most significant of these, and
combine to reduce the brake efficiency to a maxi-
mum value of about 27% at the point of minimum
fuel consumption in the. operating range of the
engine. Figure 3-5 shows the brake specific fuel
consumption characteristics of a typical American
passenger car Otto engine. The engine is char-
acterized in terms of brake mean effective pres-
sure (BMEP) and mean piston speed, which
correspond to torque and crankshaft speed for an
engine of specified bore and stroke. This map
is representative of a typical American V-8
engine.

The performance and emissions character-
istics of Otto engines are strongly affected by
spark timing and valve timing. The optimum
position of the piston, for the occurrence of the
spark event that ignites the fuel-air mixture,
changes with engine speed and other operating
variables such as engine load. Spark timing is
usually expressed in degrees of crankshaft rota-
tion before or after the topmost position of the
piston in the cylinder during the compression
stroke. The optimum spark timing for a particu-
lar engine under a given set of operating variables
is that which results in the maximum torque out-
put. Hence, optimum spark timing is taken as
the minimum number of degrees of crankshaft
rotation before the top center (ETC) piston posi-
tion that results in the best torque output, and is
therefore called MBT^ spark timing.

"The abbreviation "MET" was derived from Minimum (number of degrees) for Best Ijorque output.
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The MBT spark timing for Otto engines
ranges from about 5° to about 55° BTC depending
on the shape of the engine's combustion chamber,
crankshaft speed, and other operating variables.
The MBT timing for typical passenger car engines
during part load operation (50 psi BMEP, 1500
RPM) is 30° to 35° BTC. Engine operation with
minimum fuel consumption also occurs at MBT
spark timing, and deviations from MBT timing
have adverse effect on fuel consumption. How-
ever, the HC and NOx emissions of an Otto engine
at near stoichiometric air/fuel ratios can be
simultaneously reduced by retarding the spark
event from MBT timing, i. e. , having the spark
occur nearer to, or after, the top center position.
The effects of retarded spark timing are pro-
nounced, both on reducing emissions and increasing
fuel consumption, as shown inRefs. 3-18, 3-19, 3-22,
3-23, 3-25, and as discussed further in Chapter 4.

The use of exhaust gas recirculation (EGR)
to dilute the intake charge for NOx control results
in an increase in the MBT spark timing (°BTC)
relative to MBT timing without EGR. The brake
specific fuel consumption (BSFC) of an engine with
EGR at the optimum air/fuel mixture ratio and
MBT spark has been observed to be about 6%
lower than that for the same engine without EGR
at the stoichiometric air/fuel ratio with MBT
spark, Refs. 3-18 and 3-19. However, the HC
emissions with EGR and MBT spark are higher.
If the HC emissions are oxidized in a catalytic
converter, as in most model year (MY) 1975 cars,
both NOx emissions and HC emissions can be
reduced with no fuel economy penalty, and, under
optimum conditions, can provide better fuel
economy than an uncontrolled engine at the
stoichiometric mixture ratio. EGR and emissions
are discussed further in Section 3. 5 and in
Chapter 4.

Prior to the advent of emissions standards,
inlet and exhaust valve timing for Otto engines
was determined by consideration of the torque vs
speed characteristic, smoothness of operation,
and fuel consumptfon. The valve timing events
for a typical American V-8 passenger car engine
are as follows: inlet valve opening, 17" before
top center; inlet valve closing, 75° after bottom
center; exhaust valve opening, 68° before bottom
center; exhaust valve closing, 30° after top cen-
ter. The results of experiments reported by
Siewert (Ref. 3-23) show that a reduction in both
HC and NOx can be accomplished by modification
of valve timing. Such modifications result in an
increase of the residual fraction of exhaust gas in
the fresh mixture during the compression stroke.
Additionally, the exhaust gas that is expelled
from the cylinder at the end of the exhaust stroke
contains a disproportionally high amount of HC,
and a portion, of this gas can be reinducted into, or
retained within, .the cylinder via appropriate valve
timing. At high air/fuel ratios (circa 18:1), the
"internal EGR" or charge dilution resulting from
modified valve timing can degrade combustion to
the extent that substantial increases in HC emis-
sions and fuel consumption occur. A similar
effect occurs when the spark timing is retarded
with very lean mixtures.

Power output control by modulating the inlet
valve lift has been investigated by Stivender (Ref.
3-24). In addition to single-cylinder laboratory
engine studies, the characteristics of a 400 CID

V-8 engine were mapped, and the engine was
installed in a vehicle for road tests. In general,
the inlet-valve-throttled (IVT) engine would oper-
ate at substantially leaner air/fuel ratios, with
somewhat lower fuel consumption, than the same
engine with conventional throttling. The IV T
engine reached a minimum BSFC at air/fuel ratios
near 20:1, the exact value depending on engine
load; whereas the conventional engine reached
its minimum BSFC at air/fuel ratios near 18:1,
the exact value again depending on load. At
20 psi BMEP and 1200 RPM, the IVT engine
showed a 5% lower BSFC. The increase in air/
fuel ratio for minimum BSFC was attributed to the
improvement in mixture turbulence and atomiza-
tion of the fuel due to the sonic velocities occur-
ing at the inlet valve opening during throttling.
The inlet valve lift was small enough to induce
sonic flow velocities up to about 2/3 of maximum
engine power. These results suggest that improve-
ments in the mixture atomization and increased
turbulence in the combustion chamber can extend
the lean limit of combustion, with an accompany-
ing reduction in fuel consumption. These matters
are also discussed further in Chapter 4.

Modulation of inlet valve timing, instead of
lift, also provides a means of regulating the induc-
tion of air/fuel mixture into the cylinder. Early
closing of the inlet valve at part load operation
reduces the amount of air/fuel mixture taken into
the cylinder. As discussed by Stivender (Ref.
3-24), the pressure of the mixture in the cylinder
at the beginning of the compression stroke (bot-
tom center position) may be taken as an "equiva-
lent manifold pressure", upon which engine power
depends. Viewed in this manner, early inlet
valve closure does not provide for "overexpan-
sion"; it only constitutes a method of reducing
the part-load throttling losses, which result
from the pumping work required to maintain
intake manifold pressure below ambient. With
torque control via variable inlet valve closing,
the part load BSFC of the Otto engine could be
improved, particularly near idle. However, con-
ventional carburetors and induction systems are
not likely to provide satisfactory mixture prepara-
tion and distribution in the absence of reduced
manifold pressure, as reported in Ref. 3-24, and
some type of fuel injection system would probably
be required.

3. 2. 2 Engine Performance

The "performance" of an engine involves
several considerations that fall into two broad
categories: (1) how well the engine performs the
mechanical task demanded of it, and (2) how much
input energy does it require for given work out-
put. In the f irst category are the engine's steady-
state torque characteristic and its transient
response to commands. Through the seventy-odd
years of its development as an automotive engine,
the UC Otto engine has come to be accepted by
the public as the standard of automotive engine
performance, admittedly as perceived through
interaction with the vehicle via a drive train
designed to cope with its idiosyncrasies. Its
mechanical performance was therefore, by defini-
tion, "adequate", and we need not elaborate here
on its torque-vs-speed and response character-
istics. However, with the advent of emission
standards, engine manufacturers were forced to
change engine operating conditions to reduce
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pollutant formation and, in the past, these changes
have had a deleterious effect upon the engine's
mechanical performance. In particular, relative
to an uncontrolled engine, retarding the spark
from near MET, in conjunction with recirculation
of a fraction of exhaust gas (EGR) for NOx and HC
suppression, results in more sluggish response to
acceleration transients and an overall reduction
in torque (through a lower BMEP), along with an
increase in fuel consumption. This less-than-
customary performance was particularly notice-
able in the MY 1973 and 1974 cars. The introduc-
tion of catalytic exhaust converters in the MY 1975
vehicles has permitted retuning to a more nearly
optimum operating condition. Thus the MY 1975
engine, except for minor losses due to converter
back pressure and the parasitic power demand of
the ancillary air pump, has essentially the same
performance as a precontrolled engine. If the
reducing-type converters, currently being
developed for NOx control, prove likewise
successful, future UC Otto engines may also attain
nearly the same mechanical performance but with
a small fuel consumption penalty incurred by
slightly rich operation.

The second performance aspect of the engine
is its efficiency (measured by the car owner in
terms of its fuel economy). Even the uncontrolled
engine was not a very efficient machine in terms
of the useful work produced compared with the
thermal energy available from combustion of the
fuel. Figure 3-6, extracted from Ref. 3-3, shows
the typical energy balance for a UC Otto engine as
a function of vehicle speed. Combustion ineffi-
ciencies and cycle thermodynamics take their
toll, right "off the top", of 60 to 80% as energy
rejected in the exhaust and cooling system. A
smaller, but significant fraction of combustion
energy is expended as (primarily viscous) engine
friction and as pumping work. Only the small
residuum, on the order of 27% at best, is avail-
able for propulsion and to drive accessories. The
propulsion energy is further reduced by drive
train inefficiencies. Over the Federal Urban
Driving Cycle (FDC-U), the engine-plus-drive-
train of MY 1975 American cars achieve an aver-
age propulsive efficiency of 10. 5 to 11. 5%, rela-
tive to idealized inertially- and aerodynamically-
equivalent vehicles that could deliver 100% of the
thermal (lower heat value) energy of the fuel to
the rear wheels.

In the days of plentiful "cheap" gasoline,
vehicle efficiency was merely of academic interest.
Now that the public has been made forcibly aware
of the higher cost and finite availability of petro-
leum fuels, increasing emphasis is being placed
on powerplant efficiency. As the Otto engine is
already well developed, startling improvements
in efficiency are not to be expected. In seeking
the course of future developments, one must
therefore look instead to design areas in which
smaller, but cost-effective, incremental gains in
efficiency can be made — always, of course,
against a backdrop of required levels of emission
control.

One such area, wherein specific developments
are now proceeding, is in the induction process.
Poor fuel vaporization, together with large varia-
tions in the cylinder-to-cylinder charge distribu-
tion, contribute heavily to hydrocarbon and CO
emissions in current engines and likewise reduce

efficiency. The effect is particularly severe when
the engine is started cold, which is the prevailing
situation in the large fraction of short trips char-
acterizing national driving habits. Ideally, one
would like to have completely vaporized fuel,
uniformly mixed with air, and distributed through
warm manifolding to preclude recondensation.
Considerable progress toward this ideal is being
realized in hardware now under development, as
discussed in Section 3.3.

Another area through which some small effi-
ciency gains may be achieved is via improved-
auxiliaries (alternator, water and fuel pumps,
fans, etc. ) and accessories (air conditioning
equipment, etc. ) and their drive mechanisms.
The objective here is reduction of parasitic power
losses. It should be recognized that use of more
efficient auxiliaries/accessories and drives will
benefit any powerplant, not just the UC Otto.

Presently-produced Wankel configurations
are more inefficient, with higher HC and CO
emissions (Refs. 3-4, 3-16), than their recipro-
cating counterparts. This is, in large measure,
attributable to the difficult geometric problem
posed by the rotor seals and the tendency of the
housing to thermally distort. There have also
been claims that heat losses are greater than
from equal-horsepower reciprocating configura-
tions, by virtue of the higher surface-to-volume
ratio in the Wankel's expansion space. However,
it is not clear that these are really "fundamental"
problems. At least one major developer (Ref.
3-20) reports that efficiencies comparable to
reciprocating engines have been demonstrated in
properly designed hardware. Rotary engines
apparently produce somewhat lower NOx emis-
sions than their reciprocating equivalents. Among
UC Otto configurations, the rotary configuration
appears most attractive for the long term, pro-
viding the present difficulties can ultimately be
resolved, because its superior power density and
packaging capability would provide better fuel
economy as a result of vehicle integration
advantages.

3. 2. 3 Fuel Requirements

The key characteristics of UC Otto engine
fuels are their volatilities and resistance to pre-
mature ignition or detonation as measured by
octane rating. Most present engines, with com-
pression ratios in the neighborhood of 8 to 8.5:1
require a gasoline blend with a research octane
number (RON) of 90-91. Some, older vehicles
have high compression engines which require
premium fuel with about 98 RON. Introduction of
catalytic converters, which are adversely affected
by lead, has mandated use of gasolines free of
tetraethyl lead, previously used as the most
economical antiknock additive. In consequence,
current engines and probably all future engines
will be designed to operate with lead-free gaso-
lines of circa 91 RON.

Sulfur is also an undesirable trace contam-
inant in catalyst-controlled engine gasolines for
two reasons: first, there is some evidence that
it has a deleterious effect upon the catalyst itself;
second the oxidizing catalyst tends to emit the
exhaust sulfur as 803 which hydrolyzes to sulfuric
acid — a more hazardous pollutant than the SO2
emitted by noncatalyst-equipped engines (see
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Section 3. 2. 4). Consequently, "low-sulphur"
gasolines are required.

Other troublesome contaminants for catalyst-
controlled engines are sodium, halogens, and
phosphorus. However, these are not common
refinery problems.

UC Otto engines can also be adapted to some
alternate fuels, notably methanol and methanol/
gasoline blends, subject to the foregoing restric-
tions on octane rating and contaminants. Some
system level (vehicle, as well as engine) develop-
ment is required. More is said about fuel require-
ments and problems in Chapter 17.

3.2.4 Pollutant Formation

If a hydrocarbon fuel were "perfectly" com-
busted with air, only innocuous exhaust products
would be formed according to the conceptual
reaction

hydrocarbon fuel + A(air) •* B(CO2>

+ C(H2O) + D(N2)

the molar stoichiometric air/fuel ratio being A:l.
The occurrence of such an hypothetical reaction
presumes: (a) complete combustion (i. e. , total
oxidation of the carbon and hydrogen); (b) no com-
peting side reactions; and (c) no reactive contam-
inants in the fuel or air. Although all three of
these criteria are, to some extent, violated, and
the air/fuel ratio deviates from stoichiometric
(both globally and locally) in a real intermittent
combustion engine, the actual combustion chemis-
try approaches this ideal quite closely. The
truth of this statement is evinced by measured
exhaust concentrations of species other than CO-,,
H2O, and N?. The most abundant — carbon
monoxide — is typically present only to the extent
of a few percent by volume, and all other species
are measured in parts per million.

LEGISLATIVELY-CONTROLLED
POLLUTANTS

At present (1975), three types of pollutant
are controlled to legislated limits: incompletely
oxidized hydrocarbons (HC), carbon monoxide
(CO), and oxides of nitrogen (NOx). Of these, the
HC and CO are due to incomplete combustion of
the fuel (and, to some extent in older cars,
uncombusted lubricating oil that leaks by the
pistons). HC is a catch-all name for a mixture
of various aliphatic, alicyclic and aromatic com-
pounds, and is conventionally reported as if the
average molecular constitution of the mixture
were hexane (CfcH^). The oxides of nitrogen, on
the other hand, are due to a set of competing reac-
tions wherein nitrogen (mainly from air, and
possibly from trace azotic contaminants in fuel or
lubricants) is oxidized to NO or NO2- Most oxi-
dized nitrogen appears as NO (subsequently
becoming NOj in the atmosphere), but the term
NOx is also a collective one for the mixture which
is, again by convention, reported as NO2. NOx-
forming reactions are kinetically sluggish at low

temperatures and occur to a significant extent
only during the short high-temperature interval
of the combustion process.

Figure 3-7 shows, on a normalized ordinate
scale, the relative variation in the exhaust con-
centrations of these three pollutants as a function
of the air/fuel ratio. In a conventionally car-
buretted engine, nominally calibrated to near-
stoichiometric operation, their absolute concen-
trations vary widely with engine speed and load.
Typical ranges within the normal operating regime
of UC Otto engines are: 300 to 1000 ppm HC, 0. 2
to 8.0% CO, and 800 to 3000 ppm NOx. For a full-
size uncontrolled vehicle, such concentration
levels translate (Refs. 3-3 to 3-5) into average
emission rates on the order of 10/100/4 g/mi of
HC/CO/NOx over the FDC-U (hot start), as com-
pared with the current Federal standards of
1. 5/15. /3. 1 g/mi (1975 FTP). Consequently,
measures had to be adopted to control these emis-
sions, during the execution of the combustion
cycle and/or through post-treatment of the
exhaust.

For most engines, both types of cleanup
"fixes" have been adopted. To meet the 1975
(3. 1 g/mi) control level for NOx, the in situ
approach is used. Retardation of the spark from
MET, coupled with EGR, results in lower peak
combustion temperature and consequent lower
NOx formation. The combined approach is
employed for HC and CO. Improved carburetion,
quick pull-off chokes (to reduce excess fuel
throughput under cold-start conditions), and
quick-heat manifolds all address the charge
preparation/induction problem. These measures
alone are not sufficient however, and their effec-
tiveness is further compromised by the NOx-
reduction technique, hence aftertreatment is
required as well. The basic aftertreatment con-
cept is secondary oxidation of the incompletely
oxidized carbonaceous species. This is accom-
plished by adding supplementary air (to provide
an oxidizing environment) to the exhaust mixture
in some type of exhaust reactor. One type is a
thermal reactor (or "thermactor") in which slow
continued oxidation takes place at fairly high
temperature. The other commonly used type is
a catalytic converter wherein the catalyst-
promoted oxidation reactions take place at a
somewhat lower temperature. Most American-
made cars now employ the catalytic converter.

If future emission standards, with NOx levels
below about 1. 5 g/mi, are indeed enforced,
catalytic aftertreatment of exhaust for NOx will
also be required in the UC Otto engines. One
way to accomplish this is by providing a reducing
environment (somewhat rich exhaust) to a reduc-
ing converter and then introducing its effluent,
together with supplementary air, to an oxidizing
converter. This approach is called the "dual
catalyst" system. A second way to achieve the
same result is to introduce a very carefully
tailored exhaust (tight A/F ratio control) into a
single converter that both reduces the NOx to N£
and oxidizes the HC and CO. This alternative is
termed the "3-way catalyst" system. The signifi-
cant discriminator between these two approaches
is air/fuel ratio control. In the dual catalyst
system a controlled rich mixture must be fed to
the reducing catalyst and its effluent must
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subsequently be made lean to feed the oxidizing
converter. For the 3-way catalyst system to
work properly, only one (the preinduction) adjust-
ment must be made to air-fuel ratio, but it must
be held very closely near stoichiometric under all
operating conditions. Implementation details are
discussed more fully in Section 3. 3.

NONLEGISLATED POLLUTANTS

With the introduction of catalytic converters,
two other pollutants — not previously a serious
problem — have become a cause for concern. The
first of these is sulfur. Sulfur is a trace con-
taminant in petroleum fuels, both as sulfur per se
and bound in mercaptan and ring structures. In
precontrolled engine combustion, this sulfur was
oxidized to the comparatively stable SC>2 and dis-
sipated as such in the atmosphere, where it
slowly oxidized to 803. In the catalytic oxidizing
converters now becoming prevalent however, the
noble metal catalysts employed can promote the
sulfur from its tetravalent state in SC>2 to the
hexavalent state, leading to the formation of 503.
In the water-containing exhaust environment, the
803 quickly hydrates to corrosive and toxic
H2SO4. The latter will tend to condense, coalesce,
and drop out of the atmosphere near the point of
emission. Large quantities of sulfur throughput
adversely affect catalyst life. Refineries have
been producing "low-sulfur" (<0. 03% national aver-
age) fuels, which can be tolerated by the catalyst
and result in a small quantity of sulfate emitted.
However, the results of recent EPA studies indi-
cate that even such low levels of sulfate may con-
stitute an environmental hazard in regions
surrounding major traffic arteries, and sulfate
emission standards are being seriously considered.
If such sulfate standards are indeed enacted, addi-
tional desulfurization of the fuel might provide
the most effective solution, the cost being esti-
mated^ (Ref. 3-21) at ". . . between a penny and
a penny-and-a-half more per gallon". Different
types of oxidizing converters, perhaps improved
thermal reactors, are a possible alternative solu-
tion. Chemical traps have also been suggested.

The second pollutant of potential concern is
ammonia (NH3). Traces of ammonia are always
produced in combustion with air, but are usually
insignificant. Catalytic reduction of NOx in an
hydrogenous environment, however, can produce
more significant concentrations of NH^, at least
under some conditions, depending upon the catalyst.
The situation is perhaps less serious in a Dual
Catalyst system because the downstream oxidizing
converter will reoxidize the ammonia (providing
it isn't converted back to nitrogen oxides' ).
Recent data (Ref. 3-6) seem to indicate that the
problem has been overcome.

At .the present time, there are no data to indi-
cate that particulate emissions are a problem with
gasoline-burning engines. However, the question
of nonvisible particulate effects is very much
open, and further study is required.

Until a much larger statistical sample of
emission data for dual/3-way catalyst equipped

vehicles is available, more definitive health and
environmental effects studies have been com-
pleted, and the current controversy is resolved,
it will not be possible to assess the significance
of these pollutants. Several agencies, notably
EPA, are now actively pursuing the necessary
experimental programs.

3.3 MAJOR SUBASSEMBLIES AND
COMPONENTS

3. 3. 1 Descriptions

The general construction and components of
basic UC Otto engines are well known. Recipro-
cating versions are discussed, both analytically
and configurationally, in a vast body of literature
(e.g., Ref. 3-2); while rotary implementations
of the Wankel configuration are thoroughly docu-
mented in a somewhat less extensive, but ever
growing literature (e. g. , Ref. 3-7). It is there-
fore unnecessary to discuss the basic engine
configuration here.

For our purposes, it is worthwhile to discuss
briefly those components that are either new to
the engine, or are changing significantly, because
of current pressures to both increase efficiency
(i. e. , fuel economy) and reduce noxious emis-
sions. These components fall into two broad
classes: induction system components and emis-
sion control devices. The two are intimately
related, as the latter dictate the requirements of,
and must be compatible with, the former.

INDUCTION SYSTEM COMPONENTS

The day of the "simple" carburetor has
passed. Even the most recent preemission-
control carburetors were unable to maintain the
degree of air/fuel ratio control required to meet
1975 emission standards. As indicated in
Table 3-1, such carburetors could hold the over-
all air/fuel (A/F) calibration, under steady-state
conditions, within ±5 to 10% over the idle-WOT
operating range. American car MY 1975 carbure-
tors can hold this calibration within-about ±3%.

However, the engine does not operate long at
steady-state conditions in real driving patterns,
but is rather subjected to a series of accelera-
tions and decelerations of varying intervals and
severities. Further, ambient conditions.—air
temperature, pressure (altitude), and humidity—
vary from day to day and place to place. Finally,
gasoline composition is not constant; one survey
(Ref. 3-8) shows a range of the molecular hydro-
gen-to-carbon ratio, among fourteen popular
products in the Detroit area alone, of 1. 64:1 to
2. 01:1. All of these influences affect dynamic
A/F ratio control.

An even more significant problem (Ref. 3-15)
with carbureted induction, from the emission
control standpoint, is cylinder-to-cylinder A/F
ratio maldistribution. Thus, although the car-
buretor may exert global (overall) A/F ratio con-
trol to ±5%, local cylinder-to-cylinder variations
can be much larger. This problem arises from

For sulfur level of 100 ppm, by weight, maximum.
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Table 3-1. Comparison of induction systems (without catalysts)

„ ,. , Variable „Conventional . . Sonic
Type (typical) .„ .. . (Dresser)

carburetor , ". carburetorcarburetor

A/F control, ±5 to 10 ±3 ±3

Vehicle Dodge Ford

Inertia 4500 4500
wt, Ib

Engine: 360 V-8 400 V-8

Spark 60° BTDC N/Sa

timing

EGR 10% (none)

Fuel 11 N/S
economy,
mpg

Emissions:

HC, g/mi 2 to 4 1.48 0.70

CO, g/mi 20 to 30 10.28 3.92

NOx, g/mi 1.5 to 3 1.8 1.84

Unmodified
Carburetor
engine
comparison:

UHC, G/mi 2. 5 N/S

CO, g/mi 20 N/S

NOx, g/mi 1.8 N/S

Fuel 11 N/S
economy,
mpg

Feedback controlled

wot spot (Thatcher. Mechanical .„,. . ., .
(Carter) }., ., . , ,„ T . . , (Ultra) Sonic, ' McCarter) (K Jetronic) ,_ . ' ,.carburetor , , , , (Conjectural)carburetor fuel v *. . .. carburetorinjection

±3 N/Sa ±0. 5 ±0. 3

Dodge Plymouth Saab

4500 3500 3000

360 V-8 225 1-16 2000 cc

5° BTDC N/S N/S

Propor- (none) N/S
tional

10.7 to 22 19.3
11.2

1. 1 to 0.51 0.9 0.5 to
1.3 1.5

6 to 7.8 0.89 8. 1 1 to 5

2. 3 to 0. 7 to 2. 2 1 to 2
2.7 1.3

2.8 4.9 1.9

26 6. 6 40. 7

2.5 to 3.0 to 2.4
2.7 8.0

11.0 18 17.7

aN/S = Not stated.

the relatively large fuel droplets formed in a
fixed venturi carburetor, which tend to agglomer-
ate in the intake manifold. It is aggravated by
cold start conditions (which enhance recondensa-
tion), idle and low-load operation (low air veloci-
ties yield poor atomization), and the length and

totally vaporize the fuel, and mix it uniformly
with the air for delivery to the cylinders. Several
developments have made progress toward this
ideal.

VARIABLE -VENTURI CARBURETOR
tortuosity of manifold branches. Cylinder-to-
cylinder variations in A/F ratio of 20% and more
have been reported (Ref. 3-3).

The ideal objective of the induction system is
to meter the exact quantity of fuel and air required,

Most of the manufacturers (Weber, Holley
et al. ) are working on some configuration of the
variable-venturi (VV) carburetor. The basic
concept involves a moving pintle arrangement to
vary the throat area of the venturi, promoting
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high air velocities (and, hence, improved atomi-
zation) even near low-load conditions. A variable-
area fuel orifice is also provided, via a coupled
movable tapered metering pin in the fuel orifice,
to maintain more precise A/F control. Most
developmental VV carburetors are of two-barrel
design, one barrel having a fixed venturi. These
highly proprietary devices are apparently capable
of achieving dynamic A/F control (over the
FDC-U) of about ±3%, and can reduce HC and CO
emissions in a full-size car by a factor of 1. 6
to 2. 0, at equal NOx and fuel economy, relative
to the standard conventional 4-barrel carburetor,
as shown in column 2 of Table 3-1.

ULTRASONIC CARBURETOR

A direct approach to achieving good fuel
atomization over the whole range of operating
conditions is to decouple the air/fuel metering
requirement from the atomization requirement,
accomplishing the latter by another means. One
feasible way of doing this has been demonstrated
(Ref. 3-9) by Drs. A. Thatcher and E. McCarter
of Florida Technical University, employing the
mechanical agitation of an ultrasonic driver
(mounted in the carburetor throat) to break up
the injected fuel stream. In principle, this ultra-
sonic carburetor effects atomization in a manner
akin to spraying a liquid on the diaphragm of an
operating compression-type hi-fi "tweeter". The
transducer used in this carburetor may be either
a magnetostrictive type, as illustrated in Fig-
ure 3-8, or a piezoelectric type, and is driven at
frequencies in the range of 20 to 40 kHz into a
half-wave horn. The inventors claim that the
ultrasonic unit may be either adapted to a
conventionally-mete red carburetor or used in
conjunction with a pulse-modulated dual injector
system. In the latter case, the injected fuel can
be directed against the active surface of the horn
or ducted thereto through channels within the
horn. A similar audio resonator concept is being
pursued by Autotronics Inc. Orders-of-magnitude
reductions in fuel droplet diameter are claimed.
These droplets are so small that little segregation
occurs in the intake manifold.

Limited testing of the Thatcher-McCarter
design in a Plymouth Duster installation, by
General Environment Corp., indicates (Table 3-1
column 5) significant improvement in emission
levels over the standard carburetor version. A
surprising (and possibly spurious) indication of
fuel economy improvement was also reported with
this ultrasonic carburetor.

Operating from the car's electrical system,
the ultrasonic driver requires a separate power
amplifier/conditioner with feedback loop. If the
fuel injection mode is employed, the system also
requires injector nozzles, metering pump, and
an electronic control unit with sensors for mani-
fold vacuum, engine speed and ambient tempera-
ture. Major advantages of this type of carburetor
over the sonic carburetor to be discussed subse-
quently, are:

(1) Function is independent of ambient
temperature (will work under cold
start conditions).

(2) Potential durability (7000 miles demon-
strated at time of writing Ref. 3-9).

Drawbacks, at present stage of development, are:

(1) Complexity (may have cost implications).

(2) Noisiness.

(3) Power requirement.

SONIC CARBURETOR

A sonic carburetor represents a second
approach to improving fuel atomization. It is a
special type of VV carburetor wherein sonic
velocity (-v800 ft/s) is achieved at the throat. The
air velocity increases to supersonic levels just
downstj-eam of the throat, and then abruptly
becomes subsonic again before entering the intake
manifold, creating essentially a normal shock
across the barrel at the transition point. Fuel
droplets, already very small due to the sonic air
stream, are broken up even further and thoroughly
mixed with the air in traversing the shock wave.

The most well developed sonic carburetor is
the "Dresserator", being developed by Dresser
Industries and tested by the leading auto manu-
facturers. In this proprietary device, the variable
throat area is controlled by a movable
mechanically-actuated fuel distribution bar. The
incoming fuel is distributed across the (com-
paratively) large surface of this bar and "scrubbed
off" by the near sonic air flow. The principle is
illustrated in Figure 3-9. Note that ho downstream
throttle plate is used in this device. Neither does
it have a choke, although some fuel enrichment
is required during cold starts.

Viewed from the present state of development,
the advantages of this carburetor are:

(1) Excellent atomization and mixing (com-
parable to the ultrasonic unit).

(2) Small parasitic power demand.

Its drawbacks are:

(1) Altitude (ambient pressure) and tem-
perature compensation required.

(2) Durability problems (due to sonic
operating condition). ,

(3) Cold start transient (difficulty in
achieving sonic velocity).

HC and CO emissions reductions of up to a
factor of 2, over conventional carburetors, have
been demonstrated in testing to date, as shown in
column 3 of Table 3-1. Fuel economy improve-
ments up to 15% have also been claimed (Ref. 3-3),
but this seems overstated.

PREVAPORIZATION DEVICES

A completely uniform air/fuel mixture is
most easily achieved if the fuel is in the gaseous
state. Consequently, considerable attention is
being given to prevaporization of the fuel. A
number of auto manufacturers are using localized
augmentative preheating — "hot spots" or "early
fuel evaporation" (EFE) devices — to promote
evaporation during cold start; these devices are
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disabled when the engine attains normal operating
temperature. Thus, such measures do not
improve cylinder-to-cylinder charge uniformity
in a warm engine. Further, not all of the fuel
can be evaporated by the "brute force" electrical
heater approach, as the power requirements to
do so would be excessive (>1 kW).

Several companies (British Leyland, Ethyl
Corp., Shell Laboratories of Great Britain) are
developing continuously-operating pre-evaporative
systems, which can be integrated with various
types of carburetor, and which utilize the waste
heat of the exhaust. In the Ethyl concept, the
carbureted mixture from the primary barrel is
ducted through a heat exchanger buried in the
exhaust manifold before returning it to the intake
manifold, while flow from the secondary goes
directly to the intake manifold. The Shell approach
is to attempt to vaporize all the fuel by transfer-
ring heat from the exhaust manifold to the carbure-
tor via heat pipes ("vapipes").

Both approaches show considerable improve-
ment in distribution (±2 to 3% A/F ratio spread).
This permits leaner operation with an oxidation
catalyst system. Again, factors of 2 or better
are achieved in reducing HC and CO emissions
from conventional four-venturi carburetors as
shown in column 4 of Table 3-1. NOx emissions
are essentially unchanged and some slight
improvement in fuel economy is claimed.

Problems to be addressed in development of
pre-evaporative systems are:

(1) Minimization of heating the main air
flow (which would lead to losses in
volumetric efficiency).

(2) Prevention of "vapor lock".

FUEL INJECTION SYSTEMS

Electronic fuel injection (EFI) has been used
for many years on luxury and specialty cars, and
has more recently been introduced into more
moderately priced imports (e.g., Volkswagen and
Volvo). Much of the pioneering work was done by
Bendix Corp. in the U.S. and Robert Bosch in
Germany.

The most popular and well developed type of
port injection system (termed "D-Jetronic" by
Bosch) uses sensed engine speed and load (mani-
fold vacuum) and "computed" air density (via
sensed ambient temperature) to determine the
inducted air mass flow and, hence, the requisite
quantity of fuel to be injected. The fuel quantity
is varied by pulse-width modulation of the electro-
mechanical injector valves. Although this sys-
tem, in principle, solves the mixture uniformity
problem, it suffers from two sources of error:

(1) Overall A/F ratio error incurred by
"computation" of air density from the
barometric pressure assumed in the
calibration.

(2) Local A/F ratio error due to pulse-to-
pulse injector timing fluctuations (fuel
quantity variations).

A more sophisticated version of this system,
introduced by Bosch in 1972 as "L-Jetronic",
employs a direct air mass flow meter, simul-
taneous operation of all injectors, and independent
monitoring of EGR. It therefore provides
improved emission control over the "D-Jetronic"
type.

Bosch has also developed a mechanical fuel
injection (MFI) system called "K-Jetronic, "
which obviates the need for electronic signal con-
ditioning and electromechanical injectors. The
key to system operation is a fuel distributor,
embodying variable-width metering slits, actu-
ated by the balance of pneumatic and hydraulic
forces on various pistons and diaphragms in the
control unit. Intake air volume is the controlling
variable, and secondary temperature corrections
are provided by bimetallic element sensing. This
system is somewhat similar to the Rochester
MFI unit marketed by General Motors Corp. in
the late 1950's and early 1960's.

EFI and MFI systems are both more costly
than carbureted systems, the latter being some-
what less expensive. Both provide A/F ratio
uniformity and HC/CO emission control improve-
ment over conventional carburetors, but small
or no improvement in fuel economy. No signifi-
cant advantage over more advanced carburetors
is apparent. An example of feedback-controlled
performance with a K-Jetronic system is given in
column 6 of Table 3-1.

CATALYTIC CONVERTERS AND
ACCESSORIES

A catalytic converter (reactor) is essentially
a vessel in which a catalyst-promoted chemical
reaction is permitted to occur. For catalysts in
the solid state (the only case of interest here) they
can be grouped into four classes, depending upon
the form of the catalyst. The catalyst may be
in the form of either: (a) granules or pellets, or
(b) a single monolithic mass. The corresponding
converters are called "pelleted" (packed bed) or
'.'monolithic, " respectively. In either form, the
catalyst proper may be distributed on a support-
ing substrate material, or it may be the only
material present, serving as its own support.
The former type is referred to as a "supported"
catalyst, and the latter as "unsupported". The
converter shell is capable of sustaining the
required temperatures and chemical species,
which contains the catalyst and aids in reagent
flow distribution.

The key variables in operation of a catalytic
converter are the prevailing temperature and
the exposure time (the dwell time of a unit mass
or volume of reagents in contact with the catalyst).
All chemical reaction rates are highly temper-
ature dependent, usually exponential in the
Arrhenius form

reaction rate = (constant) exp (-

where A<§" is some "energy of activation", 31 is
the universal gas constant, and T is the absolute
temperature. Consequently, reaction rates
increase by orders of magnitude for comparatively
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small increases in temperature. It is common
practice to speak of a "light-off" temperature,
corresponding to the temperature at which the
conversion rate is some percentage (usually 90%)
of steady-state value.

The dwell time is usually measured in terms
of either: (a) the superficial mass flux (based on
geometric flow cross-section) and path length
through the catalyst; or (b) the "space velocity"
(volume flow rate of reagents per unit volume of
catalyst). The latter is most common in auto-
motive emissions application, and is reciprocally
related to dwell time. In the catalysis of gas
phase reactions by solid catalysts — the case in
automotive exhaust — those reactions occur on the
surface of the catalytic material, hence, a high
surface-to-volume ratio is required. The
"specific surface" — defined as the topologically
effective surface area per unit volume of catalyst-
is the usual figure of merit. For unsupported
catalysts, the catalyst itself must be prepared in
a geometric form with adequate specific surface.
Supported catalysts are distributed in a substrate
of high specific surface, frequently a transitional
alumina ceramic. In either case, it is easier to
achieve high specific surface in granular beds.
However, such beds also constitute a physical
retention problem and must be carefully designed
to minimize pressure drop, hence monolithic
types are more convenient if adequate specific
surface and durability can be therein obtained.

Automotive emission control catalysts are
used to promote: (a) oxidation of HC and CO to
CC>2; and (b) to reduce NO and N©2 back to ^2;
as selectively as possible, with minimal impact
on other species. The catalytic materials
employed are of two types — "noble" metals
(platinum, palladium, rhodium, ruthenium) used
in very small quantities, and "base" metals
(chromium, cobalt, copper, iron, nickel) used
in greater quantities. In some formulations,
traces of noble metals are included in predom-
inantly base-metal catalysts.

It should be noted that oxidation catalysts do
a particularly good job on reactive hydrocarbons,
which are present in much lower proportions in the
total hydrocarbon effluent. For instance, the
comparatively unreactive methane comprises
about 10 to 15% of the hydrocarbon in untreated
exhaust, but is about 40 to 50% of residual hydro-
carbon exiting the oxidation catalyst bed. This is
significant, since it is the reactive species that
contribute most to the formation of photochemical
oxidant ("smog").

OXIDIZING CONVERTERS

The most successful oxidizing converters,
now in use on MY 1975 vehicles, are supported
noble-metal types. The majority (CMC, Chrysler,
and AMC products) of vehicles employ a single
pelleted converter mounted under the floor, near
the confluence of the Y-pipe in the case of a V-8
engine. Ford, and some others, use a monolithic
converter mounted near the exhaust manifold(s).

Total "catalyst" (including substrate) volume
is 80 to 400 in^ per vehicle, depending upon engine
size and type. Typical noble metal usage is circa
1. 5 grams of platinum and 0. 5 gram of palladium

per vehicle, which is dispersed on high-specific-
surface alumina substrate. Light-off temperatures
are of the order of 600 to 800 °F and maximum
safe operating temperature for long intervals is
around 1800°F for the catalyst material. This
characteristic points up one of the major diff i-
culties with an oxidation catalyst system. Most
HC and CO are produced during the cold start
transient, which is precisely where the catalyst
is also least effective. Various measures — quick
heat manifolds, insulation, close converter
coupling, etc. — have been adopted to minimize
this problem.

The converter must be operated somewhat
lean to provide the necessary oxidizing environ-
ment (surplus oxygen). The excess air is pro-
vided by an ancillary air pump. The exhaust
system must be designed to provide a temperature
low enough to preserve the integrity of the con-
verter. On this point, it is significant to note
that 50, 000-mile durability has been demonstrated
on these converters. However, even with over-
temperature protection (bypass), total or near-
total ignition failures can quickly destroy the
catalyst.

Noble-metal catalysts are also highly sus-
ceptible to "poisoning" (chemical deactivation).
The chief offenders in this respect have been lead,
phosphorus and sulfur, hence the introduction of
lead-free, low-sulfur (and phosphorus) fuels,
which must be used in catalyst-equipped vehicles.

REDUCTION CONVERTERS

NOx reduction reactions can also be promoted
by either noble-metal, base-metal, or combina-
tion catalysts. The most successful develop-
mental units to date (as typified by the Gould and
Questor systems) employ a monolithic base-
metal (nickel-based) catalyst.

To do its job, the reduction converter must
"see" a reducing environment, hence the engine
must be calibrated rich. Further, the CO/O2
ratio of the inlet gases must be fairly carefully
controlled. Gould accomplished this with an
oxygen "getter" — a small piece of monolithic
noble-metal oxidation catalyst mounted in the
converter ahead of the reducing catalyst — to
reduce inlet QZ to the reducing catalyst to a level
of about 0. 1%. Questor accomplishes the same
result with a small rich thermal reactor ahead
of the NOx catalyst. HC/CO cleanup is effected
by an oxidizing converter (or second thermal
reactor) downstream of the reducing converter,
with supplementary air introduced between the two
for the necessary oxidation environment. The
getter or prereactor compensate for the vagaries
of conventional carburetors, and may not be
required with advanced (±3% A/F ratio control)
carburetors or feedback controlled induction
systems.

The Gould GEM68 system has the best
demonstrated (Ref. 3-10) durability history to
date (36, 000 miles), and appears to be capable
of entertaining all but the most severe ignition
failures without permanent catalyst damage.

Two operational points are worthy of mention
in connection with reducing converters, as
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employed in dual catalyst systems. First, during
the cold start transient, the oxidizing converter —
now perforce further thermally isolated from the
engine — cannot function efficiently. As a result,
the reducing converter (in.Gould-type systems)
must double ag an oxidizing converter during this
transient, the secondary air flow being tempor-
arily diverted from downstream to upstream of
the "reducing" converter. Secondly, the down-
stream oxidizing converter has a bigger job to
do as a result of the engine's being calibrated
rich for the reducing converter. This necessi-
tates a larger volume of oxidizing catalyst and/or
higher noble-metal content therein.

Typical light-off temperatures for the Cu-Ni
based Gould reducing catalyst are (Ref. 3-11) in
the range of 800 to 1000°F, with steady-state
operation nominally circa 1300°F. This tempera-
ture can be temporarily exceeded, but sustained
high temperatures will destroy the catalyst.

EGR is apparently not required with these
catalysts, even for large cars, to meet a NOx
standard down to about 1. 0 g/mi. A standard of
0.4 g/mi may necessitate some EGR, and cause
further complications in HC control, in full-size
and large cars for "end-of-life" (50,000 mi)
compliance.

THREE-WAY CONVERTERS (CLOSED-
LOOP INDUCTION CONTROL)

It is possible, within a very narrow range of '
operating conditions, for a single catalyst bed to
effectively do both the oxidation and reduction
tasks. A unit that accomplishes all three con-
versions simultaneously in a single bed is called
a 3-way converter. Considerable development
effort has been expended in this area, particularly
by Universal Oil Products.

Figure 3-10 illustrates the operating regime
for acceptable conversion efficiencies. Note that
the engine must run stoichiometric, within ±0. 1
unit air/fuel (A/FT ratio or about ±0. 7%. If
one realizes that the stoichiometric air/fuel
ratio varies by at least ±2. 0% just due to local
variations in gasoline products (as indicated in
Section 3. 3. 1), it is evident that even a "perfect"
carburetor or fuel injection system is not equal
to the control task. Therefore a 3-way converter
can only be considered in conjunction with a
closed-loop feedback-controlled induction system
that senses, and compensates for, changes in
exhaust composition.

The emerging catalyst for the 3-way converter
is typically a supported noble-metal type. It is
close-coupled to the engine, considerably ameli-
orating the cold-start problem. Light-off and
operating temperatures are comparable to those
of the other converters. Adequate durability is
yet to be demonstrated, although rapid progress
is being made.

Closed-loop A/F ratio control is implement-
able in either a carbureted or injected induction
system and could be combined with any of the.
previously described units (with varying degrees
of difficulty). Most American manufacturers con-
sider some type of electromechanically operated
VV carburetor as the most likely candidate. The

key component in the control system is the
exhaust composition feedback sensor. Both
Bosch and UOP have developed versions of an
oxygen level sensor proposed by Robert Bosch in
1971. The sensor is essentially a solid-electrolyte
O2-concentration cell comprising two concentric
cylindrical platinum film electrodes on either
side of a zirconia tube. The inner electrode is
in contact with the O? of atmospheric air, while
the outer one, in contact with exhaust, "sees"
the partial pressure of oxygen on its surface in
the on-going oxidations of HC and CO. As the
exhaust mixture crosses the rich-lean threshold,
orders of magnitude change occur in oxygen par-
tial pressure at the sensor's electrode surface.
Providing the sensor temperature is above about
750°F, there results virtually a 900-mV step
change in its output voltage. This signal lends
itself admirably to digital control logic. Output
voltage slowly decreases again at higher tem-
peratures, but setting the control point at 500 mV
or less eliminates temperature sensitivity.

Mechanical durability problems with earlier
sensors have evidently been overcome and present
useful life is in excess of 12000 miles. However,
there is still a problem with electronic stability,
which requires further development. These units
have been successfully integrated into prototype
carbureted, EFI, and MFI closed-loop induction
systems, and have demonstrated potential A/F
ratio control to ±0. 3% — an order of magnitude
improvement over the best open-loop induction
system.

Alternative feedback control methods, based
upon sensing other engine output parameters,
have been proposed. None of these have the
advanced development status of the O2~sensor-
controlled system, however.

Of the two catalytic NOx control schemes,
the 3-way converter with feedback control is the
most desirable. Besides the advantage of a
single converter relative to the cold start prob-
lem, this system offers

(1) Self-compensation for variations in
engine and fuel parameters.

(2) Elimination of the need for a secondary
air pump.

(3) Potential elimination of EGR.

(4) Lower back pressure.

(5) Some fuel economy improvement (over
a dual catalyst system, which must be
calibrated rich), but not to the degree
attainable with a lean-burning oxidation-
catalyst system.

(6) Lower sulfate emissions than a system
employing a separate oxidizing catalyst
(Ref. 3-21).

3. 3. 2 Configurational Evolution

The UC Otto engine, like the alternates dis-
cussed in subsequent chapters, is evaluated in
three states of evolutionary development: Present,
Mature, and Advanced configurations. For the
UC Otto engine, however, we must interpret
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these labels a bit differently from the definitions
given in Chapter 2. The reason for this difference
is that the basic UC Otto engine is here now and
is in no sense experimental. With its long devel-
opment history, it is already a "mature" engine
(in the strictest sense of the word), operating
near its attainable efficiency within the context of
present mass-production technology.

Unlike the continuous-combustion alternates
(which all potentially meet, or better, the cur-
rent statutory emission standards), the UC Otto
engine must be evaluated for performance at the
emission level standards it is required to meet.
This imposes another dimension of variability
in discussing a "moving baseline" engine, as the
legislated standards will also change with time,
ostensibly becoming more stringent. Hence, in
discussing the possible evolution of the UC Otto
engine, it is understood that each configuration
must meet the emission control standards in
effect at the time of its introduction. The expected
levels of these standards — particularly the NOx
standard — beyond 1977 are subject to much
controversy at this time.

The salient features of the configurations
termed Present, Mature, and Advanced are pre-
sented in Table 3-2. The reasons for these
selections are discussed in the following.

PRESENT CONFIGURATION

As stated previously, it is recognized that the
fully-developed UC Otto engine is here now. The
Present configuration is consequently epitomized
by powerplants in the MY 75 cars. While a few
of these are Wankels (and it is acknowledged that
the Wankel implementation is one Present engine),
most are reciprocating engines. Further, cur-
rent production Wankels fall short of the fuel
economy of their reciprocating equivalents due
predominantly to the difficult rotor/housing seal
problem. It is therefore believed that the rotary
engine does not represent the best of present con-
figurations, and the baseline Present configuration
is taken to be a reciprocating engine. Other
prominent features are given in Table 3-2. The
emission control system is represented schemat-
ically by Figure-3-l l (a), comprising a conven-
tional carburetor, EGR, secondary air pump,
oxidation converter(s), and related minor
improvements.

A weight breakdown for a typical 150 hp
(300-350 CID V-8) power system is given as the
Present configuration in Table 3-3, and plotted
as an isolated point on Figure 3-12. The polar
moment of inertia (referred to engine output shaft)
of such a system is likewise plotted as a single
point on Figure 3-13.

Table 3-2. Salient features of evolving UC Otto configuration

Characteristic

Configuration

Present Mature Advanced

Type

Fuel/air mix
preparation

Speed range

Block/housing

Pistons/rotors

Induction/exhaust

Cooling system

Emission controls

Reciprocating

Conventional carburetor

700 to 4500 rpm

Ferrous

Aluminum

Valve- in-head

Conventional

EGR; air pump;
oxidizing catalyst;
quick-heat manifold;
quick pulloff choke;
etc.

Reciprocating

Advanced carburetor,
(ultra)sonic; preheat

700 to 4500 rpm

Ferrous

Aluminum

Valve-in-head

Conventional

Advanced carburetion
and induction system
with aftertreatmenta of
exhaust gas.

Rota ry

Advanced carbure-
tor (ultra)sonic:
preheat

1000 to 10000 rpm

Ceramic

Ceramic

Side and peripheral
ports

(None)

Advanced carbure-
tion and induction
system with after-
treatment3 of
exhaust gas.

Alternative aftertreatment systems include:

(1) 3-way catalyst/FB control or dual catalyst/air pump or thermal reactor/reducing
catalyst/airpump (either may need EGR) to meet 0.41/3.4/0.40 (g/mi HC/CO/NOx).

(2) Oxidation catalyst or thermal reactor only, with EGR/air pump or with lean burning,
to meet 0. 41/3. 4/1.-2. (g/mi HC/CO/NOx).
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Table 3-3. UC Otto power system weight breakdowns (150 design horsepower)

Configuration

Subassembly or Component

Present
(1975 Reciprocating V-8)

weight, Ib

Mature
(Reciprocating V-8)

weight, Ib

Advanced
(2-Rotor Rotary)

weight, Ib

Basic engine assembly

Block/housing assy (including
crankshaft assy, water and
oil pumps, manifolds, heads,
valve train, pistons /rotors)

Induction and carburetor
assy

Ignition system

Oil

Oil cooler

Cooling system

Radiator

Fan and shrouds

Coolant

Emission controls

Oxidizing converter system

3-way converter system

Auxiliaries

Starter

Alternator

(485)

445

15

15

10

(66)

24

7

35

(55)

55

(35)

20

is

(490)

445

20

15
10

(66)

24
7

35

(54)

54

(35)

18
17

(283)

225

22

13
8

15

(8)

(41)

41

(27)

10

'17

Total, engine ready-to-run (641) (645) (359)

Transmission

Battery

(150)

(45)

(150)

(42)

(126)

(42)

Total, power system (836) (837) (527)

MATURE CONFIGURATION

The Mature configuration, as applied to the
UC Otto engine, is a projection of the best-
performing engine the designer could initiate if he
sat down in the near future with a clean sheet of
drafting paper. As such, it incorporates only
today's technology as that technology will be appli-
cable in "Job 1" — no novel developments or
breakthroughs. Implied is the normal development-
production transition period, with some prototype
system testing and the normal production engineer-
ing cycle, leading to production circa 1978 to 1980.
The designer therefore has the opportunity to "clean
up" minor deficiencies in the experimental ver-
sions presently being tested.

The Mature configuration (outlined in Table
3-2) is taken to be reciprocating, as it is believed
that still more development time will be required
to solve the problems of the rotary version. (It is
also assumed, however, that rotary engine develop-
ment would continue in parallel, perhaps finding
wider introduction to the market.) Based upon data
available at this writing, the NOx standard for this
engine might be 0.4 g/mi at introduction. Catalytic
NOx control is hence incorporated. This 3-way/
dual converter system would not be required if, and
where, the NOx standard were 1.5 to 2.0 gin/mi.
The emission control scheme of choice is a
feedback-controlled electronic carburetor of the
sonic or ultrasonic type (indicated by the terminology
"(ultra)sonic" in Table 3-2), together with a 3-way
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converter (Figure 3-11 (c)). Fuel injection could
also be used, but it is our opinion that the addi-
tional expense is not warranted. Preevaporative
measures can also be incorporated in the carbu-
retor. The feedback-controlled induction system
is believed to be a desirable end in itself, for
reasons of fuel economy and HC/CO control, even
if catalytic NOx control is not required. If a devel-
opmental snag appears in the 3-way system, the
dual converter system provides a "close second"
fallback position, albeit at a penalty in fuel econ-
omy, and is shown as alternative in Figure 3-11 (b).

Table 3-3 gives a weight breakdown for a
150-hp Mature power system. The variations in
weight and moment of inertia with design horse-
power are indicated in Figures 3-12 and 3-13,
respectively.

ADVANCED CONFIGURATION

The Advanced configuration UC Otto engine is
one that can be produced at some unspecified future
date, given additional development and foreseeable
extensions of today's technology. Specifically, it
would include the benefits of fruition of RScD activ-
ity in areas discussed in Section 3.7.

With this definition in mind, we must ask how
to get the "most" out of a UC Otto engine from the
vehicular standpoint, above and beyond the perfor-
mance benefits already achieved in the Mature
configuration. The rotary (Wankel) configuration
offers several possible improvements, once pro-
jected far enough into the future to allow resolution
of its current rotor-seal and housing distortion
problems:

(1) Lower specific weight (which results in
a significantly lower propagated weight
in the vehicle).

(2) Smaller total volume (which provides for
additional vehicle weight reduction
beyond the propagated effect of engine
weight, and some reduction in aero-
dynamic drag because of improved
frontal configuration).

(3) Higher output shaft rpm (which permits a
smaller torque converter, hence lighter
transmission).

All of these, except modified aerodynamics, ulti-
mately appear as vehicle weight reductions that
translate directly into a fuel economy benefit. A
nonperformance-related advantage is potentially
lower production cost.

The Advanced configuration is therefore
taken to be a Wankel of either one or two rotors
(depending upon design horsepower), and is
described by Table 3-2. An advanced, feedback-
controlled induction system with 3-way converter
is incorporated, as in the Mature configuration.
Rotor(s) and a housing liner of ceramic material
will provide improved dimensional stability and
minimum heat losses.

Table 3-3 gives a weight breakdown for an
Advanced configuration 150-hp engine, which is
plotted for comparison as an isolated point on
Figure 3-12. Its moment of inertia is shown on

Figure 3-13, and Figure 3-14 depicts the com-
parative packaging volume vis-a-vis an equivalent
reciprocating V-8.

3.3.3 Producibility and Cost

Present UC Otto engines obviously are pro-
ducible — indeed, set the standard of producibility —
at reasonable cost. Since the Mature configuration
contains no radical departures from the Present
one, it likewise presents no serious producibility
problems.

Power system unit costs for the Mature con-
figuration, as a function of design horsepower, are
presented in Figure 3-15. These costs are derived
from the data base prepared by Rath and Strong for
use by the National Academy of Sciences Committee
on Motor Vehicle Emissions (Ref. 3-26) and the
Transportation System Center of the DOT. These
numbers represent unit variable costs, and as
such do not include material and labor overhead
factors at the plant level. Cooling system, bat-
tery, and transmission (but not post-transmission
drive train elements) are costed with the "power
system". Since the technology is relatively well
defined (except for the advanced induction sys-
tem), the cost uncertainty is relatively low as
compared to the cost uncertainty of the alternate
engines. No special materials are used, with the
exception of the catalyst.

Two versions of the UC Otto were costed, one
(the baseline) that meets the statutory limits of
0.41/3.4/0.4 g/mi (HC/CO/NOx), and one that
meets a relaxed standard of 0.41/3.4/1.5-2.0 g/mi.
A manufacturing cost increment of 40 dollars
reflects the difference in equipment selected to
meet the differing emissions levels.

Two versions of the UC Otto were costed, one
(the baseline) which meets the statutory limits of
0.41/3.4/0.4 g/mi (HC/CO/NOx) and one which
meets a relaxed standard of 0.41/3.4/1.5-2.0 g/mi.
A manufacturing cost increment of $40 reflects the
difference in equipment selected to meet the differ-
ing emissions levels.

A discussion of the materials impact of the
catalytic converters is given in Ref. 3-17 (see also
Chapter 18). However, it should be noted here
that full production would not be expected to tax the
nation's resources, nor incur critical shortages.

3.4 VEHICLE INTEGRATION

3.4.1 Engine Packaging in Vehicle

Packaging of the Mature UC Otto power sys-
tem is essentially the same as in present vehicles
and no significant vehicle modifications would be
expected. Some attention would be required to
catalytic converter location.

Introduction of the Advanced Wankel config-
uration would result in major vehicle design
changes to exploit its packaging advantages. The
volumetric improvement has already been pointed
out (Figure 3. 14). A pioneer example of using
this packaging to advantage is the NSU Ro-80
(Ref. 3-12).

3. 4. 2 Transmission Requirements

Mature UC Otto vehicles can use the con-
ventional automatic and manual transmissions
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used in present vehicles. An Advanced high-
speed rotary might permit some redesign to
lighten the transmission package. Envisioned
transmission improvements, such as lock-up
torque converters and continuously variable
transmissions (Ref. Chapters 5 and 10), will
benefit overall vehicle efficiency for any of
the UC Otto configurations, and for several
alternates as well.

3. 5 PERFORMANCE IN VEHICLE

Fuel economy and emissions estimates are
presented for UC Otto-engined vehicles in six size
classes of interest to this study. These size
classes, ranging from "Mini" cars to "Large"
cars, are defined in Chapter 10 and are based
upon the owner-driver's performance and
creature-comfort desiderata (acceleration, range,
passenger and luggage accommodations, etc. ),
not vehicle weight. Thus, for each engine type
considered in this report, a different set of curb
weights and design horsepowers are associated
with the same set of vehicle class names.

Since actual in-vehicle FTP test data were
available, the VEEP driving cycle simulation
computer program (used in analyzing perform-
ance of the alternates) was not used for the UC
Otto-engined vehicles, except for validation of
the program itself.

3. 5. 1 Fuel Economy

Average urban (FDC-U) and highway (FDC-H)
fuel economies for present (MY 1975) UC Otto
vehicles in the six size classes are given in
Table 3-4. These values are based upon actual
EPA test data (Refs. 3-13 and 3-14). Table 3-5
lists the corresponding fuel economy estimates
for the Present configuration, which were taken
for the best of the MY 1975 vehicles having
approximately the APSES baseline horsepower
to weight ratio.

For vehicles incorporating Mature configura-
tion engines, the fuel economy estimates shown in
Table 3-5 were projected from more limited test
data. Fuel consumption (reciprocal fuel economy)
was plotted versus curb weight, yielding a gentle,
nearly linear curve, shown on Figures 3-16 and
3-17. Experimental fuel consumption data for
3-way-catalyst cars (Ref. 3-3) were found to scat-
ter about the oxidation-catalyst (1975) car curve
and, within the accuracy of these data, it appears
that fuel economy of the basic 3-way system can be
equal to that of the (best) Present oxidizing-
converter system. An improvement of 5% was
allowed for the superior mixture ratio control of
the advanced carburetor (values up to 22% have
been claimed) and for optimized EGR and spark
timing. Mature UC Otto cars are thus projected
to provide a sales-weighted^ composite fuel
economy about 9 to 10% better than that of the
MY 1975 cars.

It should be noted that, if a dual converter
system must be employed (because the 3-way is
not ready in time), fuel economy will suffer some-
what due to rich calibration of the engine for
the reducing converter. Conversely, if the actual

Table 3-4. UC Otto vehicle fuel economy in
miles/gallon (Average Test Data
Reported by EPA for 1975 Cars)

Auto
class

Mini

Small

Sub-

Curb
wt,
Ib

1600

2100

2600

FDC-Ua

25.8

22.2

19.4

FDC-Hb

37.2

32.4

27.5

Composite0

29.9

25.9

22.4
compact

Compact 3100

Full- 4000
size

Large 5000

16.9

13.4

10.4

23.3

18.2

15.2

19.3

15. 2

12. 1

FDC-U = Urban Federal Driving Cycle
(1975 FTP).

DFDC-H = Highway Federal Driving Cycle
(1975 FTP).

^Composite = 55% FDC-U, 45% FDC-H (weighted
harmonic mean fuel economy).

Federal NOx standard in effect at the time of
introduction is sufficiently higher than the
statutory 0. 4 g/mi, with HC and CO remaining
at statutory levels, the 3-way converter becomes
unnecessary and only an oxidation converter is
required. In conjunction with the advanced car-
buretor, such a lean-calibrated engine could
provide a further slight increase in fuel economy
over the Mature configuration with an oxidation
catalyst. A thermal reactor system, however,
would probably not yield fuel economy improve-
ment because of the higher exhaust gas tempera-
ture requirement.

The fuel economy of the Advanced configuration
given in Table 3-5 was estimated only for the Com-
pact vehicle —the single point reference used
throughout this report. This estimate is based
upon: (a) resolution of the Wankel rotor/housing
seal difficulties; (b) 5% increase for improved
induction and reduced heat losses; (c) propagated
weight reduction in the vehicle. With regard to
item (c), it should be noted that the Compact Wankel
vehicle has a curb weight of about 2700 Ib and a
nominal 110-hp engine, in contrast to the 3100-lb/
125-hp reciprocating-engined Compact.

3.5.2 Emissions

Emission level estimates were also made for
the six classes with Present and Mature engines
and are presented in Table 3-6. These data are for
well-maintained cars and represent 50,000-mile
values, including a maximum of one catalyst
replacement.

Present market distribution.
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Table 3-5. UC Otto vehicle fuel economy in miles/gallon (gasoline)
(Present, Mature and Advanced configurations)

Engine configuration
Present1 Mature Advanced

(1975 reciprocating; (reciprocating; (ceramic rotary
oxidizing converter) 3-way converter) 3-way converter)

Driving cycle FDC-UC FDC-Hd FDC-U FDC-H FDC-U FDC-H

APSES baseline
, . , Curb wt, design maximumAuto class ,, 6

Ib

Mini

Small

Sub-
compact

Compact

Full-
size

Large

power,
BHP

1600

2100

2600

3100

4000

5000

50

70

95

125

175

230

28.4

24.6

21.0

17.4

13.4

10. 7

43. 1

37.0

30.9

25.8

20.0

16.0

29.8 44.6

25.8 39.0

22.1 33.0

18.3

14. 1

11.2

27.3

21. 1

16.8

21 30

Derived from best of 1975 vehicles having approximately the APSES baseline horsepower-to-weight ,.
ratio trend, and calibrated to meet the national emissions standards of 1.5/15. /3.1 g/mi (HC/CO/NOx).

"MATURE" vehicle fuel economies could be increased by approximately an additional 5% if only an
oxidizing catalyst is required by then-current emission standards. However, this additional 5% is
probably not attainable with a thermal-reactor-only system at 0.4/3.4/2.0 g/mi (HC/CO/NOx)
standards.

CFDC-U = Urban Federal Driving Cycle (1975 FTP).

dFDC-H = Highway Federal Driving Cycle (1975 FTP).

For the Present configuration, scatter dia-
grams, Figures 3-18 through 3-20, of curb weight
versus low-mileage emission rates and degrada-
tion factors were prepared from certification data
for each emittant. Midband curves fitted to these
data were used to compute the listed levels. "
Actual scatter was large for HC and CO, and more
moderate for NOx.

Only a few low-mileage data were available
for the Mature 3-way catalyst system. These data
are shown on Figures 3-18 through 3-20. The
HC and CO emissions for the 3-way systems are
largely below 0.41 and 3.4 g/mi, respectively,
and NOx ranges from 0. 2 to 0. 9 g/mi with the
heavier cars all above 0. 4 g/mi. A reasonable
high mileage conversion efficiency for 3-way
systems is 77% for HC and NOx, with CO not
being a problem, according to developers of such
systems. With further development work, the
simultaneous conversion efficiency for HC and
NOx may be even higher; however, even with 77%
conversion, 0.41 g/mi HC and 0.40 g/mi NOx
are attainable with expected engine improvements.
At 77% conversion, a catalyst feed gas having
1. 73 g/mi of HC and NOx is required to result in
0. 4 g/mi emitted from the vehicle. Emissions

of less than 1. 73 g/mi of HC and of NOx have been
simultaneously obtained from V-8 engines with
10 to 12% EGR and conventional carburetion/
induction systems, as reported by Gumbleton
(Ref. 3-18). As previously shown in Table 3-1,
a considerable reduction in" HC emissions can
result from the improved fuel atomization and
vaporization of advanced carburetion. Few data
are at hand regarding the effect of EGR on the
HC emissions of an engine with an advanced car-
buretor; however, the observed increase in HC
emission due to the combined effects of EGR and
MBT spark timing (Refs. 3-18 and 3-19) is not
expected to be more severe than with a conven-
tional carburetor. In view of these observations,
an advanced carburetion system in conjunction
with proportional EGR is projected to result in
catalyst feed gas that is sufficiently low in HC
and NOx to allow a vehicle emissions standard of
0. 4 g/mi HC and 0. 4 g/mi NOx to be met.

The emissions projections in Table 3-6 were
computed for a catalyst with 77% simultaneous
conversion efficiency of HC and NOx. The catalyst
feed gas composition was taken as 1. 5 g/mi HC
and 1. 3 g/mi NOx at 4000-lb vehicle curb weight.
These emissions were then scaled with vehicle
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a .Table 3-6. UC Otto vehicle emissions in grams/mile

Engine configuration

A *. i Curb wt.Auto class ,,Ib

Mini

Small

Subcompact

Compact

Full-size

Large

1600

2100

2600

3100

4000

5000

Present (1975); EPA
data for oxidizing

catalyst cars

HCC

0.34

0.34

0.34

0.34

0.46

0.52

FDC-Ub

CO NOxd

2.7 1.4

2.7 1.4

2.7 1.4

2.8 1.5

3.5 1.9

3.9. 2.0

Mature; projections
for 3 -way

catalyst cars

HC

0.26

0.26

0.26

0.26

0.35

0.40

FDC-U

CO

2.0

2.0

2.0

2. 1

2.8

3.2

NOx

0. 16

0. 16

0. 16

0.21

0.30

0.40

a Well-maintained car at 50, 000 miles.

bFDC-U = Urban Federal Driving Cycle (1975 FTP).

c A s C H .

As

weight according to trends indicated by actual
test data and by VEEP.

No attempt was made to estimate emissions
of the Advanced configuration, compliance with
prevailing standards at the time of introduction
being assumed.

3. 5. 3 Drivability Aspects

With the advent of catalytic emission control,
it was possible to retune the engines for improved
drivability relative to prior emission-controlled
cars. The Mature- and Advanced-engined cars
should have drivabilities at least approaching
those of uncontrolled cars, and possibly somewhat
better due to superior induction systems. No
starting or warmup problems are anticipated.

3.5.4 Safety

The question of safety is discussed in
Chapter 16. As the present UC Otto engine is the
standard against which the safety of all alter-
nates must be compared, there is little to say on
this subject. The Otto engine's "track record",
from a safety standpoint, is very good. None of
the modifications embodied in the Mature or
Advanced configurations would materially com-
promise its current level of safety.

3.6 OWNERSHIP CONSIDERATIONS

In addition to performance, comfort, and
safety the car owner's concerns in a prospective
vehicle purchase are typified by the questions:

(1) "What will it cost me?"

(2) "How often must it be garaged for
maintenance?"

These questions are addressed briefly in this
section.

3. 6. 1 Maintenance

Each year Otto engine manufacturers make
minor modifications to some engine components,
many of which are intended to reduce, or even
eliminate, certain maintenance requirements.
Breakerless ignition, for example, eliminated
distributor points and the need for their periodic
replacement. Thus, the basic engine maintenance
requirements are slowly being reduced. On the
other hand, changing emission control regulations
have resulted in adding new components (PCV
valves, decel valves, EGR valves, charcoal
cannisters, catalytic converters, etc. ). These
new components: (a) have their own maintenance
requirements due to wear on moving parts, severe
operating environments, finite design life, etc. ;
(b) have not reached the design maturity of basic
components from a durability standpoint, due to
limited field experience; and (c) may functionally
contribute to increased wearout rate of previously
long-lived basic engine components. There are
thus simultaneous influences in a new model
year's engine which tend to both reduce and
increase maintenance requirements.
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Regularly scheduled engine maintenance for
the Mature configuration would probably include
the following:

(1). Replace air cleaner.

(2) Change oil, replace filter.

(3) Replace fuel filter.

(4) Replace PCV valve.

(5) Replace spark plugs.

(6) Check compression.

(7) Check/adjust carburetor control system.

(8) Check/adjust ignition timing.

(9) Check catalyst.

(10) Check O, - sensor.

Long-term or as-required maintenance would
include:

(1) Check/adjust valve timing; grind/replace
valves.

(2) Replace piston rings.

(3) Clean carburetor.

(4) Replace fuel pump.

(5) Replace water pump.

(6) Replace hoses.

(7) Replace coolant and thermostat.

(8) Replace belts.

(9) Replace <X - sensor.

(10) Replace catalyst or converter assembly.

Present maintenance facilities are adequate.
Some new equipment (induction system diagnostic,
and emission related) will be added, and mechanic/
technician skills will have to be updated, but no
major retraining is required. Present parts dis-
tribution network will be adequate.

3, 6. 2 Cost of Ownership

Here again, the evolving UC Otto-engined
vehicle serves as the standard, against which the
base ownership cost of alternate-engined vehicles
must be compared. The base ownership cost of
the vehicle represents the sum of all nonfixed
costs (costs like tolls, parking fees, registration
fees, nonengine maintenance, insurance, etc. ,
are considered "fixed", independent of engine type)
and include:

(1) Vehicle first cost minus resale
(depreciation).

(2) Total cost of fuel and other (see
Table 3-7) engine-expended fluids.

(3) Engine maintenance cost.

Discussion and details of calculations are given
in Chapter 19. The incremental cost of owner-
ship, defined as

^ownership cost =

(base cost of vehicle) - (base cost of
equivalent UC
Otto vehicle)

is, of course, zero by definition for the baseline
UC Otto-engined vehicles.

It should be noted that the 3-way-catalyst-
equipped car is estimated to be slightly more
expensive to maintain than a car requiring only
an oxidation catalyst. This additional mainte-
nance cost is less than $100 (constant 1974 dollars)
over the life of the car (10 yr/100, 000 mi).

3.7 RESEARCH AND DEVELOPMENT
REQUIRED

To bring the configurations described as
Mature and Advanced to production status, little
pure research, as such, is required. Varying
degrees of component and process development
are necessary, however.

3. 7. 1 Mature Configuration

The basic components of reciprocating engines
have already essentially attained the acme of
their development, from a production standpoint.
Consequently the basic engine in the Mature
Configuration requires virtually no development
effort.

The primary areas for development work
are, as previously indicated, the induction and
emission control systems. Assuming that car-
bureted induction systems will continue to be
more cost-effective, parallel development of
feedback-controllable versions of the various
advanced carburetors should proceed until at
least one is proven to be functionally effective,
durable, and economically producible.

Oxygen sensor and catalytic converter
development should also proceed along parallel
development paths, guided by the actual future
course of legislated NOx (and possible sulfate)
standards. Some supportive research in catalyst
materials and fabrication processes may also be
required, if current formulations cannot achieve
the requisite durability.

3.7.2 Advanced Configuration

In addition to the peripheral developments in
induction and emission controls required by the
Mature configuration, further basic engine devel-
opment is required for the Advanced Wankel con-
figuration. Such developments in metallic con-
figurations are being pursued currently by NSU
and its licensees (notably Curtiss-Wright, CMC,
and Toyo Kogyu). Adaptation of ceramic tech-
nology will require a major research and develop-
ment effort (see Chapter 5).

To be addressed specifically are: optimiza-
tion of valving/porting and ignition system;
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Table 3-7. Cost of engine-related expendable fluids for mature UC Otto vehicles
(all costs in 1974 dollars)

Lubricant Coolant Total expendable
fluid cost

Total
Engine Capacity, Price, Interval, capacity, Price , Interval, At 35 kmi At 100 kmi

Auto class (cyl/hp) qt $/qt mi qt $/qt mi ~ 3 yr, $ ->• 100 yr, $

Small

Compact

Full-size

4/70

6/125

8/175

4

5

6

0.90

0.90

0.90

6000C

6000°

6000C

8

12

16

1.25

1.25

1.25

24,000

24,000

24,000

27

34

42

81

106

132

Assumed to be 50% by volume of glycol-type antifreeze.

Price of pure glycol-type antifreeze.

"Every 3000 mi for first 6000 mi; every 6000 mi thereafter.

improvement of rotor-to-housing seals; and
elimination of thermal distortion of the housing
in regions of high heat flux. Some additional
materials research may be required in connec-
tion with rotor seals.
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4. 1 DESCRIPTION

4.1.1 Introduction

The engines discussed in this chapter are
the lean-burning uniform-charge Otto (LB Otto),
the stratified-charge Otto (SC Otto), and the
Diesel, all of which fall into the category of
open-cycle, internal intermittent-combustion
engines without thermal regeneration. The ideal
thermodynamic cycles of these engines incorpo-
rate adiabatic compression and expansion pro-
cesses and constant-volume heat rejection. The
heat addition processes may occur under condi-
tions ranging from constant volume to constant
temperature. The ideal thermodynamic cycle
may then be taken as the Otto cycle or some ver-
sion of the limited-pressure Diesel cycle.

The concepts of burning lean fuel/air mix-
tures and stratification of the charge in the
cylinder date from the very early development
work on the Otto engine (Ref. 4-1). Historical
reviews of Otto and Diesel engines are available
from a number of sources, including Refs. 4-2,
4-3, and 4-16. An excellent basic technical
treatment of the performance of Otto and Diesel
engines is given by Taylor & Taylor (Ref. 4-17).

The development of the Otto and Diesel
engines and their subsequent adaptation to auto-
motive and industrial applications during the early
20th century was a consequence of their superior
power-to-weight and fuel economy characteristics
relative to Rankine (steam) engines and battery-
electric systems of the era. As additional per-
formance specifications are added to the require-
ments which Otto and Diesel engines must satisfy,
they must be closely reexamined to assess their
capability to meet these more stringent specifica-
tions. The LB and SC Otto engines, together
with the Diesel engine, have been considered not
only for interim service until a more suitable
alternate engine can be developed but also as the
long-term future power systems of choice. The
performance capabilities and production costs of
these engines are evaluated in the following
sections.

4.1.2 Morphology

A simplified categorization of a few selected
Otto and Diesel engines is shown in Fig. 4-1.
Any of these engines can (at least in principle) be
mechanized in either a rotary (Wankel) or recip-
rocating (piston and cylinder) configuration.
Although the details of air motion within the
rotary engine differ from those of the reciprocat-
ing engine, the basic charge induction and forma-
tion schemes can be applied to either type of
engine, with the rotary having the size and air
handling capacity advantages previously dis-
cussed in Chapter 3. Only four-stroke-cycle
engines incorporating the processes described in
Chapters 2 and 3 are treated herein.

The combustion process in Otto engines is
fundamentally different from that in Diesel
engines. The Otto engine combustion process is
initiated at one or more specific points — the
spark plug(s) — in the combustion chamber, and
the combustion reaction propagates through the
fuel/air mixture from these points; hence the
name progressive burning. In contrast,

combustion of the fuel in Diesel engines occurs
through autoignition due to the high temperature
of the air in the combustion chamber after com-
pression. The actual heat release and burning of
the fuel, which is injected into the Diesel engine com-
bustion chamber near the end of the compression
process, is a part of a complex chain of preigni-
tion and postignition chemical reactions. Never-
theless, the Diesel combustion process may be
characterized as simultaneous burning, since
each element of fuel injected into the combustion
chamber "sees" a local environment which favors
spontaneous' combustion. In both Diesel and Otto
engines the combustion process may be con-
siderably affected by motion of the gas mixture
within the combustion chamber, i.e., turbulence.
In general, the effect of rapid mixture motion
during combustion is to increase the time rate of
heat release.

OTTO ENGINES

The LB Otto engine is a variant of the base-
line UC Otto engine discussed in Chapter 3.
Lean operation of a uniform-charge engine
requires uniform cylinder-to-cylinder and cycle-
to-cycle distribution of a homogeneous charge
with constant air/fuel ratio. An improved ignition
system is also necessary. However, the basic
engine hardware is virtually identical to that of
the UC Otto. In its simplest configuration, the
LB Otto engine has an improved carburetion and
induction system, capable of maintaining precise
control over the fuel/air mixture ratio, and modi-
fied automatic ignition timing. These engines
can operate at fuel/air equivalence ratios (40
down to about 0.65. As discussed subsequently,
an exhaust oxidation converter — either thermal
or catalytic — is required if an HC emission rate
less than about 1 g/mi is to be attained.

The leanest mixture ratio at which an LB
Otto engine will satisfactorily operate can be
extended through the addition of a combustion-
promoting agent such as hydrogen gas to the
normal fuel/air mixture. The hydrogen gas can
be produced by a reformer, in which a reaction
occurs between a portion of the total flow of gaso-
line and air. The reformer products are princi-
pally hydrogen, carbon monoxide and nitrogen,
which are then introduced into the engine's induc-
tion system. Such a system can extend the fuel/
air equivalence ratio for satisfactory operation
to values less than 0. 5. Hydrogen enrichment
systems have been pursued by the International
Materials Corporation of Burlington, Massachu-
setts; Siemens AC of Erlangen, West Germany;
and the Jet Propulsion Laboratory in Pasadena,
California. A schematic illustration of a
reformer/lean-burn system is shown in Fig. 4-2,
and engine systems with fuel reformers are
described in Refs. 4-8 through 4-12.

A stratified-charge Otto engine is character-
ized by a significant spatial variation of fuel/air
mixture ratio within the combustion chamber at
ignition and during at least a portion of the pro-
gressive burning process. Stratified-charge
engines are usually thought of as lean-burning
engines, although this is not necessarily the
case. Recent Ford PROCO engines operate with
charge stratification at a near-stoichiometric
overall mixture ratio. The variation of mixture
ratio with respect to location within the
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combustion chamber, relative to the point(s) of
ignition, usually proceeds from fuel-rich to fuel-
lean, and may be continuous or discontinuous.
The charge stratification may be accomplished in
conjunction with dynamic mixture motion as in
PROCO, or through the geometric configuration
of the combustion chamber as in the prechamber
engines. The various combinations of methods of
effecting fuel/air charge stratification in Otto
engines present a large array of possible engine
configurations. However, these engines are not
significantly different in operating principle, and
the performance characteristics of stratified-
charge engines are adequately represented by
particular engines which have been carried to a
relatively high state of development — the Ford
PROCO, the Texaco TCCS, the Volkswagen PCI,
and the Honda CVCC engines.

Stratified-charge engines are usually classi-
fied as either prechamber engines or open-
chamber engines. The prechamber engine has a
mechanically divided combustion chamber with
restricted openings between the individual
chamber compartments. Ignition occurs via a
spark plug in the prechamber, which is supplied
with a richer fuel/air mixture than the main
chamber. The contents of the prechamber are
expelled into the main chamber as the flame
front propagates through the prechamber from
the point of ignition.

Two examples of prechamber stratified
charge engines are shown schematically in
Fig. 4-3 — the Honda CVCC engine and the Volks-
wagen PCI engine. Both of these engines are
provided with a means of forming a fuel-rich
mixture in the prechamber prior to ignition. In
the CVCC engine, the prechamber has a small
auxiliary intake valve through which a fuel-rich
mixture is inducted during the intake stroke,
while a leaner-than-stoichiometric fuel/air mix-
ture is inducted through the main intake valve.
The fuel/air mixtures for both the prechamber
and the main chamber are provided by a special
"compound" carburetor. In the PCI engine, a
lean fuel/air mixture is inducted through the
intake valve, and additional fuel is injected
directly into the prechamber during the compres-
sion stroke to create a locally rich mixture.
Several other types of prechamber engines are
described in Ref. 4-4. The CVCC and the PCI
currently represent the highest state of develop-
ment of prechamber engines for which data are
available; consequently, these two engines are
taken as representative of the category. The
CVCC and PCI engine are described in Refs. 4-5,
4-6, and 4-7.

Open-chamber stratified-charge engines rely
principally on motion of air within the working
space and combustion chamber that is coordinated
with injection of fuel into the moving air to
achieve a spatial variation of mixture ratio. The
combustion chamber in an open-chamber engine
is essentially a single compartment; hence no
pressure differences as large as those across a
prechamber opening occur within the fuel/air
charge during combustion, and the fuel/air
charge is not divided by physical barriers as in
prechamber engines. The Ford PROCO and
Texaco TCCS, among several other open-chamber
engine configurations, are described in Ref. 4-4.

The Ford PROCO is the most highly developed
open-chamber engine for automobiles and is used
to exemplify this engine type in what follows.

An illustration of the PROCO engine combus-
tion chamber is shown in Fig. 4-4, and the engine
is described in Ref. 4-13 and 4-14. Important
geometric details of the intake port configuration,
which create a circumferential air swirl within
the cylinder during the induction process, are
not shown. The intake manifold and ports handle
only air and, if EGR is used, exhaust gas; there-
fore, the intake manifold system need not con-
tend with the fuel atomization, vaporization, and
distribution problems common in other Otto
engines. Fuel is injected into the swirling air
under moderate pressure during the compression
process, and injection terminates before ignition
occurs. The proper timing of fuel injection and
ignition events is important to satisfactory opera-
tion of the engine. The PROCO engine utilizes
either one or two spark plugs per cylinder,
depending principally on the amount of EGR
necessary for NOx control. An oxidation catalyst
is required if HC emissions are to be less than
one to two grams per mile, especially in larger
cars.

The Ford direct-injected stratified-charge
engine was originally developed to operate at a
high compression ratio (-11:1), without detona-
tion or preignition, and at partial loads by con-
trolling only the fuel flow, i. e. , without intake
manifold throttling. Thus, a fuel economy
improvement over conventional throttled Otto
engines was obtained through (1) minimization of
the part-load intake manifold pumping loss, and
(2) the higher indicated thermal efficiency result-
ing from the increased compression ratio and
from combustion of lean fuel/air mixtures. How-
ever, the absence of throttling with the subse-
quent lean combustion at part load resulted in
unacceptably high HC emissions. Consequently,
the PROCO engine now operates with air throttl-
ing for fuel/air mixture ratio control and with
EGR for NOx control. These features are-a part
of an integrated combustion system which Ford
has given the name PROgrammed COmbustion,
hence the acronym.

DIESEL ENGINES

Diesel engines have also'been developed in
two combustion chamber configurations — open-
chamber and divided-chamber engines. Taylor
& Taylor (Ref. 4-17) present an excellent dis-
cussion of Diesel combustion and engine charac-
teristics. Basically, the open chamber design is
restricted to relatively large cylinders operating
over a narrow speed range. The precombustion
mixing of fuel and air in an open-chamber Diesel
engine is totally dependent on air motion and the
spray characteristics of the fuel injector. Due
to the sensitive nature of the Diesel ignition and
combustion process, proper mixing occurs over
only a narrow range of operating variables such
as engine speed. Hence, open-chamber engines
are restricted to heavy duty applications where
their somewhat higher brake efficiency compen-
sates for their limited speed range, often noisy
combustion, and generally lower overall fuel/air
equivalence ratio at which smoke becomes
excessive.
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The divided-chamber engine appears in two
configurations — the prechamber design, such as
developed by Daimler-Benz (Ref. 4-53) and
Caterpillar (Ref. 4-56), and the swirl-chamber
design developed by Ricardo (Ref. 4-49). Both
are illustrated in Figs. 4-5 and 4-6. The
divided-chamber Diesel engine was developed to
alleviate the aforementioned limitations of open-
chamber engines. Taylor and Taylor (Ref. 4-17)
enumerate several features of divided-chamber
engines relative to open-chamber engines, among
which are the following:

(1) Rapid air motion within the prechamber,
due to the proper placement of restric-
tive throats between the main chamber
and the prechamber, extends the speed
range for effective mixing of the injected
fuel, and minimizes the effect of spray
characteristics of the fuel injection
nozzles.

(2) The prechamber structure can be more
readily designed with sufficient strength
to withstand the high rates of pressure
rise and high local pressures which are
characteristic of autoignition combustion
processes.

(3) The partially oxidized products of fuel-
rich combustion within the prechamber
are ejected at high velocity into the main
chamber, which induces intensive mixing
with the hot air contained therein and
results in virtually complete oxidation
of the fuel.

(4) The prechamber insert may be designed
via a loose fit to have very hot *alls on
which the injected fuel impinges. The
subsequent fuel vaporization reduces the
"ignition delay, " i. e., the elapsed time
between injection and the onset of com-
bustion. Long delay periods result in
extremely high rate of pressure rise.

(5) The overall effect of staged combustion,
in which fuel-rich partial combustion is
followed by intensive mixing with excess
air, is to reduce the rate of pressure
rise in the main chamber and to limit
the peak pressure so that the engine
structure can be lower in weight.

(6) Reduced NOx emissions are character-
istic of divided-chamber engines.

In view of these factors, only divided-
chamber engines are deemed suitable for auto-
mobiles and, as subsequently discussed, such
engines require supercharging to.be comparable
in specific power (hp/lbm) to Otto engines.

4.2 CHARACTERISTICS

The rather large family of intermittent-
combustion alternates comprises two major
classes of engines, as noted in the previous sec-
tion: Otto variants — the (ultra) lean-burning
uniform charge and the stratified-charge varie-
ties — and Diesel variants. Within each genre,
there is a large and growing number of physically
different implementations. The differences, from

a performance and emissions standpoint, are
often subtle and not of major consequence. Our
task, as documented in this section, is: (1) to
consider both the theoretical aspects of, and the
experimental data from, such candidate imple-
mentations, and (2) then to select a tractable
number of candidates which best represent the
potential of their respective classes for evolu-
tionary evaluation— in consonance with the study
methodology for the other alternate engines.

The reader who does not require the wealth
of detail presented in the next two subsections
(4. 2. 1 and 4. 2. 2) may skip to Subsection 4. 2. 3,
in which the key conclusions of the former are
summarized and the engine types carried through
the study methodology are selected.

4. 2. 1 Thermodynamics and Pollutant
Formation

The efficiency, emissions, and specific
power characteristics of Otto and Diesel engines
are coupled through the mode of operation of the
engine. As discussed in Chapter 2, the heat
engines which incorporate intermittent, internal
combustion processes have great difficulty in
delivering good efficiency and specific power with
the simultaneous achievement of low NOx and HC
emissions. The power output of an engine is the
product of the work produced per unit mass of
working fluid throughput and the rate of through-
put of working fluid. The former quantity is
determined by the amount of heat added per unit
mass of working fluid and the thermal efficiency
of the engine. The peak temperature occurring
during heat addition, and thus the NOx formation,
may be reduced by limiting the quantity of heat
addition; however, the engine's power will clearly
suffer a corresponding reduction unless the
throughput of the working fluid is also increased.
Such an increase may be effected via supercharg-
ing but, as shown later, the overall benefits are
at best marginal. Finally, the use of internal,
intermittent combustion in an open-cycle heat
engine leads to further difficulties with simul-
taneous HC and NOx control while retaining high
thermal efficiency, due to the requirement for a
well timed interaction between the heat release
of the combustion process and the thermodynamic
operation of the engine. This last observation is
also made by Agarwal et al. in Ref. 4-21.

The most extensive analytical treatments of
the interaction in Otto engines among the com-
bustion process, the thermodynamic operation,
and the formation of NOx are due to Lavoie et al.
(Ref. 4-19), Blumberg and Kummer (Ref. 4-18),
and Blumberg (Ref. 4-20), a discussion of which
follows. At the time of this writing, the authors
were aware of no comparable treatment of the
simultaneous Diesel combustion process per se.
However, some observations can be drawn from
the aforementioned Otto-cycle analytical work,
and sufficient experimental data have been accum-
ulated to permit assessment of the emissions vs
fuel economy possibilities of Diesel automotive
engines.

OTTO ENGINES

Combustion and NOx Formation

The thermal efficiency of Otto-cycle engines
has previously been discussed in a somewhat
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simplified manner in Chapters 2 and 3. However,
the NOx emissions, efficiency, and specific
power of Otto engines are closely interrelated;
hence, the interaction between the temperature
increase during combustion and the kinetics of
NO formation and decomposition must be con-
sidered. Blumberg and Kummer (Ref. 4-18)
have employed the method of Lavoie et al. in a
computer simulation program which treats NOx
reaction kinetics in conjunction with a generalized
thermodynamic analysis of the Otto cycle, con-
sidering both mixed and unmixed combustion pro-
cesses. Among the several engine variables
treated in the computations are fuel/air equiva-
lence ratio, fraction of exhaust gas recirculated,
engine speed, compression ratio, duration and
position of combustion with respect to crank
angle, connecting rod length to crank radius
ratio, and inlet manifold conditions.

The important assumptions which were made
to facilitate the analysis include the following:

(1) Equilibrium thermochemical properties
are used for all species at local tempera-
tures and pressures.

(2) Compression and expansion processes
are adiabatic and reversible.

(3) The mass fraction o* of fuel/air charge
which is burned may be expressed as

a* = 1 - cos lir
e - er
A6, (1)

where A6C is the duration of combustion
in degrees of crank rotation, GQ is the
angle at initiation of combustion (actual
burning, not the spark event), and 6 is
the crank angle. (Progressive burning
according to Eq. 1 is shown in Fig. 4-7. )

(4) The internal energy of the burned gas
varies linearly with temperature, within
the range of temperature encountered
during combustion.

(5) The heat loss from the gas during com-
bustion is negligible and combustion
occurs isenthalpically.

(6) The following reactions are pertinent to
NOx formation and decomposition:

N + NO; 1
N (2)

= 1.32 x 1013 (cm3/mole-s)

(3)

= 1.81 x 108 T1 '5 exp(-3000/T)

(cm /mole-s)

N + OH *=; NO + H

= 4.2 x 1013 (cm3/mole-s)

(4)

where k and are the forward
specific rate constants, with T in Kelvin;
and the reverse rate constant is (forward
rate constant)/ (equilibrium constant).

The reaction rates Rj, R£, R3 are taken as
the product of the specific rate constants kj, k£,
k3 and the equilibrium concentrations of the
reacting species at the local temperature. The
reaction rate equations may be combined with a
mass balance on an element of reacting mixture
to obtain the expression

2R.

R3) 3
(5)

where •JNO} is the mole fraction of NO, JNO}e is
the equilibrium mole fraction of NO, and p is the
molar gas density. The derivation of Eq. (5) is
given in Refs. 4-18, 4-19, 4-20, and 4-22.

Equation (5) may be integrated at points in
the fuel/air charge along the temperature-
pressure history of that point, as calculated from
the thermodynamic analysis of the progressive
burning process using the First Law, mass con-
servation, and ideal-gas adiabatic process rela-
tions. Thus, the NO concentration of individual
elements of the charge may be computed as a
function of crank angle. The final NO level of
each element may then be averaged over the
entire charge to obtain the overall NOx
concentration.

The physical events which are simulated via
the model described above proceed in simplified
form as follows. Combustion is initiated in the
first elements of the charge to burn at crank
angle 60. As the flame front progressively propa-
gates through the fuel/air charge, a temperature
gradient arises within the charge. The pressure,
which is assumed to be uniform throughout the
charge, increases as the charge burns; thus, the
whole charge is compressed as combustion pro-
ceeds. However, the temperature increase AT
which an element experiences is proportional to
its initial absolute temperature.

Since the first elements to burn are immedi-
ately elevated in temperature and then compressed
over the entire pressure increase during com-
bustion, they experience the highest temperature
for the longest period of time. The final NO level
of each element to burn is different, with those
that burn first having the highest NO production.
The forward NO reactions proceed rapidly as
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temperature increases; thus the NO concentration
also increases. As the elements are cooled dur-
ing expansion, the NO concentration is "frozen"
at the levels incurred at the high temperatures.
"Freezing" is said to have occurred when there
exists a nonequilibrium concentration of NO at a
low temperature where NO reaction activity has
virtually ceased. This phenomenon is described
by Eyzat and Guibet (Ref. 4-24). The time avail-
able during expansion for the reverse reactions,
in which NO is decomposed, is much shorter
than the time required to attain equilibrium con-
centrations. Hence NO is frozen at high concen-
trations as the temperature drops during
expansion.

The essential validity of the uniform-charge
model used by Blumberg and Kummer has been
verified by Komiyama and Heywood {Ref. 4-22)
among others. Komiyama and Heywood also
extended the model to utilize an experimentally
measured cylinder-pressure-vs-time curve to
compute the thermodynamic properties and com-
position of gas elements that are progressively
burned.

The model of the combustion process given in
Ref. 4-18, as described above, has been extended
by Blumberg (Ref. 4-20) to include a variation of
the fuel/air ratio across the charge, i.e.,
stratification. The stratified fuel/air charge
progressively burns with each element of the
charge retaining its particular stoichiometry
during compression, combustion, and expansion
to the point at which the NO concentrations are
virtually frozen. At that point, the expanding gas
is completely mixed and the remaining expansion
occurs with a uniform mixture. Droplet burning
is not treated, as the fuel is assumed to be com-
pletely vaporized. Hence, if fuel is directly
injected into the cylinder, the model rigorously
applies only if complete vaporization occurs prior
to both compression and the onset of combustion.
According to Blumberg, however, the model will
yield good results if vaporization is complete
when combustion begins.

The stratification function <»>, which describes
the variation of fuel/air equivalence ratio, is
defined across the charge in a fashion similar to
the propagation of combustion across the fuel/air
charge. The overall equivalence ratio $ is the
average of the local equivalence ratios given by
the stratification function <f>, integrated over the
entire charge mass. As burning proceeds
through the elements of a fuel/air charge, each
•with a different local $, the rich elements of the
charge are not completely oxidized. When initial
burning is completed and then the stratified
charge is completely mixed, an additional heat
release will occur. This heat release is due to
the further oxidation of the products of locally
rich combustion, primarily CO.

The stratification functions which were evalu-
ated are shown in Fig. 4-8. The local equiva-
lence ratio <t> is shown as a function of a, the
mass fraction of air in the charge. Thus, 4>(o)
describes the distribution of fuel across the air
charge confined within the combustion chamber.
a = 0 indicates the first element to burn and.
or = 1 the last. The stratification function 4> is

used to describe the unburned gas composition as
a function of location within the charge in terms
of the mass fraction of air. Results for three
different stratification functions — linear,
sinusoidal, and step — were reported by Blumberg,
with graphical results presented for linear
stratification.

A stratification function is characterized by
type, as given above, overall equivalent ratio <f>,
and width of stratification. The latter is a mea-
sure of the severity of stratification expressed as
4>i /4>e» where 4>i is the local <j> of the first element
to burn (a = 0) and <j>e is the local 4> of the last
element to burn (a = 1). For example, a linear
stratification function with $^ = 1.0 can have a
width of 1.1/0.9, or 1.3/0.7, or perhaps 1. 6/0.4.
The rich and lean limits of combustion place
upper and lower bounds on the width of
stratification.

The effectiveness of stratification in reduc-
ing NO production lies in the minimization of the
effect of progressive-burning postcompression
on the first elements to burn. In combustion of
a uniform charge these elements experience the
highest temperatures for the longest period of
time. Rich-to-lean stratification can limit the
oxygen available for NO production in those ele-
ments that contribute heavily to the overall NO
production. Late-burning elements have low NO
production regardless of the local <J> because the
temperature drop during expansion quickly
quenches the NO formation reactions.

This Otto engine combustion model has been
employed to evaluate the effects of various tech-
niques of NO control on engine operation.

Theoretical Aspects of NOx Control

Charge Dilution. Analytical investigations
of NO control via charge dilution are reported in
Refs. 4-18, 4-19, 4-20, 4-22, 4-24, and 4-25,
and others. The discussion to follow draws on
the work of Blumberg and Kummer (Ref. 4-18),
using the previously described model.

Charge dilution is accomplished by the addi-
tion of either excess air or exhaust gas, thereby
increasing the overall gas-to-fuel ratio of the
charge to be burned. The dilution results in a
lower value of the specific1 heat release during
combustion, i.e., Btu's per total mass of
charge. Hence, the temperature increase AT
due to combustion is reduced. A lower peak tem-
perature slows the rate of NO formation; conse-
quently, the overall frozen NO concentration is
lower than with an undiluted, stoichiometric charge
of air and fuel.

The effect of charge dilution on NO produc-
tion is shown in Fig. 4-9. Both EGR and lean
burning dramatically reduce the NO concentra-
tion in the engine exhaust gas. The exhaust gas
recirculated is assumed to be cooled to the inlet
manifold temperature of 610° R, as hot EGR
results in a substantial loss in NO control. Con-
centrations of NO permissible for vehicular NOx
emissions near 0.4 g/mi can be obtained with
EGR rates in excess of 20% or by operating at
equivalence ratios less than 0.6 without EGR.
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Figure 4-10 shows the brake specific NO
emission, in grams1 of NO/BHP-hr, as a func-
tion of the total amount of charge dilution. The
solid lines represent a constant fraction of total
diluent, in terms of the total gas-to-fuel ratio
(G/F). At the left vertical axis, dilution is
accomplished entirely with air, and at the right
vertical axis, entirely with exhaust gas. At the
same fractional dilution, the NO levels with
exhaust gas are substantially lower than those
with air. With a diluent gas-to-fuel ratio of 22:1,
the NO concentration with air is about 2 g/BHP-
hr, while with exhaust gas as the diluent the NO
concentration is less than 0. 2 g/BHP-hr. How-
ever, in actual engine operation, the lean misfire
limit is not the same for excess'air as for exhaust
gas. At the extremes of charge dilution, a sub-
stantial reduction in NO emissions may be
achieved by lean combustion or by near-
stoichiometric combustion with EGR, Of course,
the total diluent may be a mixture of air and
exhaust gas as in Fig. 4-10 for values between
0 and 100% of EGR.

The engine performance characteristics most
affected by charge dilution are thermal efficiency
and specific power. These effects are shown in
Fig. 4-11 in terms of BSFC and BMEP, respec-
tively. The solid lines show B_MEP as dependent
on fuel/air equivalence ratio <)> at 0, 10 and 20%
EGR^ The dashed lines show BSFC as dependent
on 4> at the same EGR rates.

At the same level of NO production and the
same intake manifold pressure, the BMEP with
EGR is higher than that with lean burning. On
Fig. 4-10 at a BSNO level of 1.0 g/BHP-hr, the
required dilution with air only may be extrapo-
lated to occur at an air/fuel (or_ gas/fuel) ratio of
about 23.3, corresponding to 4> = 0.63; while
the required dilution with EGR at the stoichio-
metric air / fuel ratio is a gas/fuel ratio of about
19. 1, corresponding to an EGR rate of about 22%.
At that EGR rate of 22%, the BMEP may be esti-
mated from Fig. 4-11 as about 53 psia; whereas,
at <}> = 0.63, the BMEP is -45 psia for air dilu-
tion only. Thus, at equivalent levels of NO pro-
duction, and at the same intake manifold pressure,
the specific power achieved with lean burning will
be 18% lower than with EGR.

The BSFC shown on Fig. 4-11 is subject to
the,limitations of the computational model. In
.particular, the omission of heat losses during
combustion and expansion reduces the absolute
magnitude of the BSFC predictions; however, the
relative trends are representative of actual engine
characteristics. The omission of heat losses may
be viewed as providing insight into the effect of
changes in thermochemical properties during
combustion and expansion that affect thermal effi-
ciency. The model does include an empirical
correlation which introduces engine friction as a
function of indicated mean effective pressure and
engine speed. All the curves shown on Fig. 4-11
are for an intake manifold pressure of 9. 7 psia
(10 in. Hg vacuum), so the throttling losses are
the same. Of particular importance, the com-
bustion interval with respect to crankshaft rota-
tion is assumed to be constant, with the tendency

of charge dilution (via excess air or exhaust gas)
to reduce the flame propagation rate not being
considered. An alternate point of view is that the
engine design is assumed to compensate for
slower flame propagation rates through multiple
ignition sources and/or increased charge motion
(i.e., turbulence), the net effect being a constant
combustion interval A9 .

Figure 4-11 shows that the change in BSFC,
which results from an increase in EGR from 0 to
20% at <{> = 1.0, is virtually nil — about a 1 to 2%
increase in fuel consumption. However, at
leaner fuel/air ratios (4> < 1), EGR has a more
deleterious effect on BSFC. Therefore, the com-
bined use of exhaust gas and excess air for
charge dilution can cause an appreciable increase
in fuel consumption if the fuel/air equivalence
ratio is less than about 0.9; but EGR up to 20%
does not appreciably affect BSFC, due to thermo-
chemical property changes, if the fuel/air ratio
is very near stoichiometric.

The influence of lean burning on BSFC is
also shown on Fig. 4-10. The lowermost dashed
line is for charge dilution with excess a^ir and no
exhaust gas. The BSFC decreases as 4> decreases
from 1.0 to 0.8, and then the fuel consumption
begins to increase as 4> further decreases. The
minimum BSFC which occurs as <J> is reduced
corresponds to a reduction in fuel consumption
of about 5% relative to the fuel consumption at
the stoichiometric fuel/air ratio.

Fuel consumption comparisons between
charge dilution with excess air and with exhaust
gas should be made at the same NO level. The
% EGR and the 4> required to achieve a brake
specific NO emission of about 1 g/BHP-hr are
22% and 0.63, respectively, as previously dis-
cussed. At these diluent fractions, the corre-
sponding BSFC's may be estimated from Fig. 4-11.
The surprising result is that the BSFC's are
indistinguishably different. Recall that at 1.0 g
of NO/BHP-hr, the specific power with EGR was
appreciably higher than with lean burning.
Blumberg and Kummer discuss the BMEP and
BSFC at 2. 1 g of NO/BHP-hr. At this higher NO
level, the BMEP with EGR was -13% higher than
that with lean burning; and the BSFC with lean
burning was 2% better, i.e. , lower than the BSFC
with EGR.

The NO level at the minimum BSFC which is
attainable through the use of lean burning is of
interest. The equivalence ratio for minimum
BSFC is 0.8, which corresponds to an air/fuel
ratio of 18.4. The BSNO on the left-hand axis of
Fig. 4-10 at A/F = 18.4 is about 10 g/BHP-hr.
In comparison, the BSNO at <fr =0 .95 (A/F = 15.5)
is approximately 30 g/BHP-hr, with a corre-
jsponding BSFC improvement, relative to
<(> = 1.0, of near one-half of the maximum attain-
able improvement (which occurs at 4> = 0.8). A
vehicular emissions level in the vicinity of two
g/mi for near Full-Size cars is commensurate
with a BSNO in the range of 2 to perhaps 8 g/BHP-
hr over the load range encountered with typical
V-8 engines. It should also be noted that com-
parable levels of NO emission can be achieved at

Grams of "NOx" (conventionally reported as NO,) = 1. 533 x grams of NO.
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<)> = 0. 95 through the use of small amounts of
EGR. Figure 4-10 indicates that less than 8 g of
NO/BHP-hr can be achieved with -10% EGR, and
the corresponding BSFC_on Fig. 4-11 is virtually
identical to the BSFC at 4> =0. 95 without EGR.

All of the foregoing comparisons were made
for constant intake manifold pressure. However,
engine power decreases as the amount of charge
dilution is increased when manifold pressure is
held constant. The effects of charge dilution on
fuel consumption at constant power are discussed
subsequently in Section 4. 2. 2, along with actual
engine performance. However, the analytical
considerations above suggest that little difference
exists between the fuel consumption effect of NO
control by EGR vis-a-vis excess air, with EGR.
resulting in appreciably higher power at the same
NO level. It must be emphasized that all these
comparisons are based on a fixed combustion
interval of 50 degrees of crankshaft rotation. In
an actual engine, a fixed A6- is difficult to attain
with increasing amounts of charge dilution, but
the adverse effect of a greater A6C may be miti-
gated by employing minimum-for-best-torque
(MET) spark timing. The "bad reputation" of the
use of EGR for NO control has resulted from the
accompanying use of spark retard. Also, many
EGR systems admit hot instead of cooled exhaust
gas to the intake manifold, with the resulting loss
in NO control and specific power.

Charge Stratification. NO control via charge
stratification results from the high-NO-producing
elements which burn first, being replaced by fuel-
rich elements with low oxygen availability. In
this manner, the NO-producing tendency of pro-
gressive-burning postcompression can be mini-
mized. Through the use of the previously
described model of stratified-charge combustion
in an Otto engine, Blumberg (Ref. 4-18) has
analytically investigated NO control via stratifi-
cation of the fuel/air charge, and some of his
results are described below.

The effects of linear rich-to-lean stratifica-
tion on the temperature and NO formation in
different elements of a stratified charge are
shown in comparison with a uniform charge in
Fig. 4-12. The maximum temperatures of the
first and middle elements of the linearly strati-
fied charge are only slightly lower than those of
the uniform charge, as may be seen by compar-
ing Figs. 4-12(a) and 4-12(b). In contrast, the
temperature of the last element to burn in the
stratified charge is significantly lower than in the
uniform charge. The reduction in NO production
which stratification provides is not due to the
lower temperatures of the elements, but is
instead due to the reduced oxygen availability in
the first elements to burn. Figures 4-12(c) and
4-12(d) show the NO profiles which correspond
to the temperature profiles of Figs. 4-12{a) and
4-12(b), respectively. The effect of rich com-
bustion in the stratified charge on the NO produc-
tion in the first element to burn is striking. In
the uniform charge of Fig. 4-12(c), the frozen
NO concentration of the first element is near
7000 ppm, while in the stratified charge of
Fig. 4-12(d) the frozen NO concentration of the
first element is less than 1000 ppm. The middle
elements have about the same frozen NO concen-
trations; and that of the last element of the strati-
fied charge is nil, while in the uniform charge it

is about 1000 ppm. The overall NO production
of the uniform charge at cj> = 0.95 is 4440 ppm
and that of the stratified charge is 1447 ppm with
4 = 1.0. The uniform-charge overall NO would
be near 3500 ppm if 4 had been 1.0, according
to Fig. 4-9. Thus, linear stratification alone at
the overall stoichiometric fuel/air ratio reduces
NO production by a factor somewhat in excess
of 2.

The effect of linear stratification on NO pro-
duction, parametric in % EGR, at equivalence
ratios of 0. 8, 1.0, and 1.1, is shown in Fig. 4-13.
Figure 4-13(b) shows the effect of width of strati-
fication on NO concentration at 0, 10,_and 20%
EGR for an overall equivalence ratio 4 of 1.0.
The most extreme rich-to-lean stratif ication is
1.4/0.6, which is near the rich burning limit
and probably not far from the lean burning limit.
The influence of stratification becomes stronger
as more EGR is used. With no EGR, as dis-
cussed previously, the NO production at a strati-
fication width of 1.4/0.6 is reduced by a factor
somewhat greater than 2 relative to a uniform
charge. When the EGR is 10%, the NO produc-
tion is reduced by a factor of 4 to 5, and an EGR
of 20% reduces the NO production by a factor of
about 7 relative to the uniform-charge NO level
at corresponding EGR rates. The behavior of a
linearly stratified charge at a rich overall equiva-
lence ratio is shown in Fig. 4-13(c), and is simi-
lar to that at 4 = 1.0.

The overall NO production as a functiori of
the width of charge stratification at a lean 4 of
0.8 is shown in Fig. 4-13(a). Stratification in
mixtures at lean overall equivalence ratios can
cause an increase in NO production relative to
uniform-charge operation at the same overaji
equivalence ratio. For mixtures with 0. 8 £ $ £ 1. 0,
adequately wide stratification will reduce NO rela-
tive to a uniform charge. However, with a 4 of
0. 8, NO production is not reduced when EGR is
used, even with the rich end of linear stratifica-
tion near the rich burning limit: i. e. , a width of
1. 4/0. 2. Step stratification gives better NO con-
trol than linear stratification and would likely
decrease the 4 at which the NO production of the
stratified charge exceeds that of the uniform
charge, but not substantially.

Dilution of a stratified charge has a large
effect on NO production. The effect of dilution
with excess air is described^ above in reference
to Fig. 4-13(a), for which 4 is 0.8. The sur-
prising phenomenon of an increase in NO produc-
tion in a lean-burning (4 < 0.8) stratified-charge
engine is due to the replacement of the lean ele-
ments which burn early (but not first) in the uni-
form charge with elements which are closer to
the near-stoichiometric conditions which favor
NO production.

In contrast, stratification in conjunction with
EGR is extremely effective in reducing NO pro-
duction, especially near 4 = 1, as shown in
Fig. 4-13(b). The fractional NO reduction due to
stratification increases in magnitude as the
charge is more diluted with exhaust gas. Dilu-
tion via exhaust gas reduces the peak tempera-
tures reached by all the elements of the charge
during burning and subsequent post compression,
with the result that the frozen NO levels of all the
elements are formation-rate limited.
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The principal difference between dilution of a
stratified charge via EGR, as opposed to excess
air, lies in the conditions of temperature and
oxygen availability experienced by the middle
elements of the charge. With EGR, the tempera-
tures of all the elements are consistently lower
with no increase in oxygen availability. With
excess air, the temperatures of the near-
stoichiometric middle elements will be high after
burning, and those elements are subjected to near
optimum conditions favoring NO production.

The effectiveness of NO control via stratifi-
cation is shown in Fig. 4-14(a) as dependent on
overall equivalence ratio <|> at % EGR rates of 0,
10, aiid 20. The width of linear stratification at
each <f> on Fig. 4-14(a) is that resulting in the
greatest reduction in NO production, relative to a
uniform charge at the same 6. For comparison,
the NO production of a uniform charge, as pre-
dicted by the stratified charge model with a strat-
ification width of 1. 0/1. 0, is also shown as a func-
tion of ? in Fig. 4-14(a) at identical engine param-
eters. The differences between the uniform-charge
model (Ref. 4-18) and the stratified-charge model
(Ref. 4-20) with a flat (i. e., no stratification)
4>-function results in about a 15% (2100 vs 1800
ppm, respectively) difference in predicted NO
production at <J> = 0. 8. So the uniform-charge NO
levels shown in Fig. 4-14(a) differ slightly from
those shown in Fig. 4-9.

In Fig. 4-14(a) at $ = 0.8 without EGR, the
uniform-charge NO is a factor of about 1.4 higher
than the stratified-charge NO (-1800 vs -1200
ppm); whereas at 4> = 1.0, the NO level with the
uniform charge is a factor of -2.4 higher than the
stratified charge, as previously mentioned in
reference to Fig. 4-13. At all EGR rates on
Fig. 4-14(a), stratification yields a substantially
greater reduction in NO production with <(> near
the stoichiometric fuel/air ratio. The NO con-
trol due to stratification diminishes rapidly as
<)> is reduced toward leaner fuel/air ratios.

Levels of NO production commensurate with
vehicular emission's of 0.4 g/mi are achievable
at EGR rates in the_vicinity of 20% via charge
stratification with <|> near stoichiometric, accord-
ing to Fig. 4-14(a). At any given NO level,
stratification may be used to reduce the required
amount of EGR relative to a uniform charge.
For instance, Blumberg (Ref. 4-20) gives the
example that EGR greater than 20% is required
for_100 ppm NO production with a uniform charge
at 4> = 1, whereas 100 ppm can be achieved with
about 15% EGR with a linearly stratified charge
of width near 1.2/0.8 at <f> = 1, as shown in
Fig. 4-1 3(b).

If NO production in the vicinity of 300 ppm is
permissible — roughly corresponding to a vehicular
NOx emission of 1 to 2 g/mi in larger cars — Fig.
4-13(b) shows that, at 4> = 1.0, sufficiently wide
stratification with 10% EGR gives adequate NO
control. At a lean overall fuel/air ratio of 4> =
0. 8, Fig. 4-13(a) shows that with 10% EGR
extremely wide stratification will not yield the
required NO control. A significant observation
_afforded by Fig. 4-13(a) is that stratification at
4> = 0. 8 causes a loss of NO control relative to a
uniform charge, except in the case of very wide
stratification with no EGR.

The theoretical work discussed thus far
suggests that charge stratification in conjunction

with EGR is a promising approach for meeting
vehicular NOx standards somewhat lower than
2 g/mi. At the 2 g/mi level, uniform-charge _
engines which operate near the stoichiometric <(>
with EGR will yield sufficiently low levels of NO
production with no fuel consumption penalty.

The fuel consumption and specific power char-
acteristics of stratified-charge engines must also
be considered. Blumberg presented the results
shown in Fig. 4-14(b) giving the BSFC and BMEP
effects of charge stratification. In itself, strati-
fication at any overall fuel/air ratio results in a
loss of both power and efficiency, which accom-
panies the NO control. The loss in BMEP and
BSFC results directly from the delay of complete
oxidation of the rich fuel/air elements. In the
computational model, the thermal energy release
of these elements is delayed until well into the
expansion stroke, where NO reaction activity has
ceased. Hence, the conversion of the last incre-
ment of thermal energy into work via restrained
expansion occurs over a reduced expansion ratio,
with the resulting loss in efficiency (increased
BSFC) and work (decreased BMEP). An analo-
gous delay in the thermal energy release also
occurs when the onset of combustion 6g ^s

delayed via spark retard, and a similar loss in
•work and efficiency follows.

Figure 4-14(b) shows_the effect of the width
of linear stratification at ^ = 1 on BMEP and
BSFC. With no EGR, the BMEP at a stratifica-
tion width of 1.4/0.6 is 74 psia compared with
85 psia in the uniform charge case — a decrease
of about 13%. The BSFC at 1.4/0.6 is about 16%
higher than for the uniform charge. Increasing
the % EGR diminishes the magnitude of the rela-
tive performance loss associated with stratifica-
tion, as can be seen by the "flatter" BSFC and
BMEP characteristics shown in Fig. 4-14(b).
Blumberg states that these predictions of the
deleterious effects of stratification on engine per-
formance may be somewhat exaggerated. In an
actual engine, the mixing of the products of rich
combustion, with the attendant thermal energy
release, would likely occur earlier than assumed
in the computational model. Hence, the effective
expansion would be somewhat greater than nor-
mally allowed in the model. If such earlier mix-
ing occurs at the end of the combustion interval
(50° ATC), the NO production is increased by
about 20% relative to the minimum NO production
which occurs near 70° ATC when no EGR is used.
The corresponding BSFC with 70° ATC mixing is
less than 2% higher than with 50° ATC mixing.
These effects are modified when EGR is used.
With 20% EGR, the mixing angle for minimum
NO production is about 55 ATC, and the fuel
consumption with 55° ATC mixing is about 3%
higher relative to 50° ATC mixing. Dissipation
of the stratification is an important variable. If
mixing occurs too early, the NO reduction
achieved through stratification will be adversely
affected, and if it occurs too late, both NO con-
trol and fuel consumption are adversely affected.

HYDROCARBON FORMATION

The exhaust gas of intermittent-combustion
engines, particularly spark-ignition engines, con-
tains traces of unburnt or incompletely oxidized
fuel. These hydrocarbons (HC) are usually
reported as an equivalent amount of hexane,
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1° contrast to intermittent-combustion
engines, the HC content of the exhaust gas from
engines utilizing continuous, constant-pressure
combustion can be virtually eliminated with care-
ful combustor design. In such combustors, the
products are allowed to remain at a sufficiently
high temperature for a long enough time interval
in the presence of some excess air so that the
hydrocarbon fuel is completely oxidized. Ade-
quate mixing of the combustion gas, especially
that near confining walls, and the absence of low-
temperature confining walls, may also be impor-
tant. The combustion chamber of a spark-ignition
Otto engine provides the antithesis of conditions
which eliminate unburned hydrocarbons.

An understanding of the sources of Otto-
engine HC emissions, to the same extent as that
of NO emissions, is currently not available. The
most widely accepted explanation at present is
thermal wall quenching, as discussed in Refs.
4-27, 4-28, 4-29, 4-39, and 4-41.

The origin of the wall quench concept is due
to Daniel (Ref. 4-29). The existence of a "dark
zone" near the cylinder wall of an Otto engine
was established by means of photographs taken
during the combustion process through a trans-
parent cylinder head of an "L" head engine. This
dark zone was interpreted as a layer of low-
temperature gas, adjacent to the cylinder wall,
into which the flame front did not propagate. The
thickness of the dark zone roughly corresponded
to quench layer thicknesses obtained from bench
tests of burner rigs. Densitometer traces of the
photographic negatives illustrating the dark zone
are shown in Fig. 4-15.

In subsequent experiments, Daniel and
Wentworth (Ref. 4-39) measured the HC con-
centration over short time intervals during the
exhaust process and discovered that the HC
concentration varies •with time during the exhaust
stroke. The average HC concentration in the
residual gas remaining in the cylinder after the
exhaust stroke was also measured and found to
be near 1100 ppm. Also, tests were performed
which indicate that, if the exhaust gas tempera-
ture is sufficiently high and some excess air is
present, appreciable oxidation of HC can occur
in the exhaust system.

In experiments by Tabaczynski et al. (Ref.
4-28), a single-cylinder laboratory engine was
instrumented so that both exhaust gas mass flow
rate and HC concentration could be measured
over small time intervals during the exhaust
process. These measurements were taken at the
locations illustrated in Fig. 4-16. The concen-
tration of HC in the exhaust gas and the mass flow
rate of only HC at the sampling location are shown
in Fig. 4-17. The amount of HC expelled from
the cylinder is seen to vary during the exhaust
process. A large spike of HC occurs just after
the exhaust valve opens during blowdown, and
another spike occurs just before the exhaust
valve closes.

The effect of combustion chamber surface
temperature on HC concentration in the exhaust
gas of an Otto engine was explored by Wentworth
(Ref. 4-43). The average surface temperature
(AST) of the combustion chamber at the interface
with the combustion gas was measured with
thermocouples embedded in the combustion
chamber surface.

Two types of engine tests were run. First,
the AST of the combustion chamber was varied by
changing the engine coolant temperature while the
engine speed, air flow, and <? were held con-
stant. A slight variation in intake manifold pres-
sure was noted during these tests, but its effect
on HC concentration (JHC}) was experimentally
determined to be very small. From these tests,
the variation of {HC} with AST was established.
Typical results are shown in Fig. 4-18(a). The
second type of test was conducted by holding
coolant temperature constant and changing engine
load by varying intake manifold pressure ( i .e.,
throttle position). The variation of JHC} and AST
was thus found as a function of indicated horse-
power, and typical results are shown in
Fig. 4-18(b).

The variation of JHCf with engine load was
then separated into that due to the change in
AST and that due to other, unidentified causes.
Several parameters were explored to attempt to
identify the "other causes" responsible for the
decrease in {HCJ- as load was increased. Among
these parameters were turbulence, oxidation
reactions in the exhaust system, intake manifold
pressure (at constant speed) and engine speed (at
constant intake manifold pressure). None of
these parameters accounted for the decrease in
JHCj beyond that attributable to the increased
AST at the higher loads.

With regard to the results of Ref. 4-43, the
parameter which does vary almost directly with
indicated horsepower (IHP) is total gas flow
through the engine. Hence, the JHCf concentration
is seen to be dependent on AST and total gas flow.
The concept of diluent quenching, i. e. , the dilu-
tion of a fuel/air mixture with either excess air
or exhaust gas past the lean limit of combustion,
has been suggested by Clauser (Ref. 4-64) as an
important source of HC emission from Otto
engines. It is possible that a portion of the "dark
zone" observed by Daniel (Ref. 4-29) and the
"spikes" of {HC} observed in Refs. 4-28 and 4-39
are due to quenching resulting from dilution of the
fuel/air charge by residual exhaust gas. The
amount of residual gas does not increase in direct
proportion to indicated horsepower; hence, as
total gas (air + fuel) flow increases, the fractional
dilution by residual gas would decrease as IHP
increases, with a resultant decrease in {HC}.

In contrast to the embryonic status of theo-
retical explanations of HC in Otto engine exhaust,
the influences of spark timing, air/fuel ratio,
compression ratio, and other engine design and
operating parameters on exhaust JHC} have been
well established experimentally, as reported in
Refs. 4-26, -33, -38, -40, -42, -44, -45, -46, -47, and
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-48. The effect of 4> on \HC\ from Ref. 4-332

is shown in Fig. 4-19, and the effect of spark
timing is shown in Fig. 4-20 per Ref. 4-40.
Spark retard is particularly effective in reduc-
ing JHC}, and was the technique primarily
used prior to the advent of catalytic oxidation
converters. The combination of spark retard, to
raise the exhaust gas temperature, and excess air
(supplied by an air pump or through lean burning),
is effective in increasing the amount of HC that is
oxidized in the exhaust system, especially if
large-volume or thermal-reactor exhaust mani-
folds are used. However, straightforward
thermodynamic consideration of energy conserva-
tion makes apparent the deleterious effect of an
increase in exhaust gas temperature on thermal
efficiency. Any engine with a "hot" exhaust
operates at a thermodynamic handicap relative
to a similar engine at the same 4> with a higher
"effective expansion ratio," •which extracts more
work during expansion and results in a cooler
exhaust gas. In other words, JHC} control
achieved through spark retard, or a reduced com-
pression ratio, must inevitably increase fuel
consumption. That is why catalytic aftertreat-
ment, which provides effective oxidation of HC at
a lower exhaust gas temperature, makes a reduc-
tion in fuel consumption possible.

DIESEL ENGINES

The efficiency and emissions characteristics
of Diesel engines are intimately coupled to the
compression-ignition combustion process. The
heat release rate, and hence the rate of pressure
rise during combustion, in Diesel engines is
dependent on the combustion chamber configura-
tion, the injector spray and delivery character-
istics, injection timing, air motion, cylinder
size, piston speed, and other operating condi-
tions and design parameters. As previously dis-
cussed, the performance of divided-chamber
engines is much less sensitive to injector charac-
teristics, air motion, and engine speed than
open-chamber engines, and the divided-chamber
configuration is particularly well suited for auto-
motive size cylinders. However, well designed
divided-chamber engines show a higher BSFC
than their open-chamber counterparts. This dif-
ference in fuel consumption is attributable in
part to the higher heat loss of divided-chamber
engines which originates in the higher combustion
chamber surface area and in the intensive gas
motion in divided chambers, and in part to the
prolonged heat release with the attendant reduc-
tion in the rate of pressure rise during combus-
tion. The latter characteristic is responsible
for the "softer" combustion, desirable for auto-
motive applications, of divided-chamber engines
vis-a-vis open-chamber engines.

Efficiency

The compression ratio r of a Diesel engine
must be sufficiently high so that the temperature
of the air in the working space is increased dur-
ing compression to the autoignition temperature
of the injected fuel spray. Again, autoignition is

the result of a complex interaction of several
parameters. However, the compression ratio is
usually determined by engine cold-starting char-
acteristics. Cylinder size has a significant
impact on the compression ratio required for
satisfactory operation. Very large cylinders in
an open-chamber configuration (e.g., 17-in.
bore by 22-in. stroke) will satisfactorily operate

• with autoignition at a compression ratio of 11:1,
whereas the Mercedes passenger-car Diesel
engine, with a prechamber configuration, has a
compression ratio of about 21:1. The combina-
tion of cylinder size and configuration effects on
autoignition characteristics is responsible for
this difference in compression ratio. It may be
noted that the optimum compression ratio, which
yields highest brake efficiency, is the result of
the interaction among theoretical cycle efficiency,
changes in thermochemical properties at elevated
temperatures, heat loss, and mechanical friction
loss. The optimum compression ratio for
divided-chamber engines usually lies between
11:1 and 15:1, depending on individual engine
characteristics. The general performance
requirements that automotive engines must meet,
primarily cold-starting capability, dictates the
greater-than-optimum compression ratios of
near 20.

Large truck-size, open-chamber Diesel
engines exhibit fast heat release occurring near
minimum working space volume; hence, their
ideal, conceptual thermodynamic cycle may be
taken as .the Otto cycle. However, the prolonged
heat release, and the attendant mitigation of the
pressure rise, achieved with divided-chamber
engines may be represented by the limited-
pressure cycle as presented in Ref. 4-17. Typi-
cal rates of heat release for different open-
chamber combustion systems are shown in
Fig. 4-21. The rate of heat release for a
divided-chamber engine would be below and more
extended than that of the Perkins "squish-lip"
system in Fig. 4-21.

A limited-pressure, fuel-air cycle and an air
cycle per Ref. 4-17 are shown in Fig. 4-22 on
P-V coordinates. The limited-pressure cycle is
identical to the Otto cycle as described in Chap-
ters 2 and 3 through the induction, compression,
and initial phase of the heat addition processes.
The defining feature of the limited-pressure
cycle is that the initial portion of the heat addi-
tion occurs at constant volume until a specified
maximum pressure is reached; then the remainder
of the heat addition occurs at constant pressure.
The thermal efficiency of an ideal limited-
pressure cycle with constant working fluid
properties may be shown to be

H t = '-tr (BkA) - 1
A[k(B - 1) + 1J -

where A = f^ / f 2> B = V3 i /V3, and TC =
as identified on Fig. 4-20b. Note that if B = 1,

A vaporization-tank carburetion system was employed for the investigation of Ref. 4-33. This system
incorporates a large steam-heated tank in which fuel is completely vaporized and premixed with air
before entering the engine's intake manifold.
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r|t becomes identical to that for the ideal Otto
cycle.

The efficiency of a fuel-air cycle differs from
that given above due to the change in the ratio of
specific heats k with temperature and working
fluid composition. Figure 4-23 shows the effici-
ency of fuel-air cycles as a function of compres-
sion ratio for PS/Pi =• 70 and 90, and for constant-
volume heat addition, based upon the actual prop-
erties of air and the products of combustion
according to Ref. 4-17. The total heat input in the
limited-pressure cycle is determined if both A and
B are specified; usually A and the heat input are
taken as independent variables. The total heat
input for at particular fuel may be expressed in
terms of 4> and the residual fraction of exhaust gas
in the cylinder when compression begins. The
dominant independent parameters for a limited-
pressure fuel-air cycle with a small residual
fraction of exhaust gas are PS/PJ, rc, and $,
with the secondary parameters being initial
temperature and initial pressure.

The efficiency of a fuel-air cycle as shown in
Fig. 4-23 becomes virtually constant as the com-
pression ratio exceeds about 16. The value of
the quasi-asymptotic limit of efficiency with
respect to rc increases as the ratio PS/PI
increases, being finally limited by the efficiency
for constant-volume heat addition. The signifi-
cant feature of Fig. 4-23 is that, even without
considering frictional and heat losses, the effi-
ciency to be gained by increasing compression
ratio beyond 16 for a limited-pressure cycle is
small. According to Fig. 4-23, the efficiency of
a limited-pressure cycle •with P3/Pj = 90 and
rc = 16 is only about 6% higher than a constant-
volume cycle with rc = 11. And if PS/PI = 70,
the efficiency of the constant-volume cycle at
rc = 11 is about 2% lower than that of the limited-
pressure cycle at rc = 16. The ratio of actual
indicated efficiency to fuel-air cycle efficiency
decreases as compression ratio increases, as
previously discussed in Chapter 3, Section 3.2.1.
The increase in frictional and heat losses associ-
ated with higher compression ratios reduces the
already marginal increase in cycle efficiency
derived from higher compression ratios. This
tradeoff leads to the aforementioned band of com-
pression ratios in which maximum efficiency
occurs. The diminishing effectiveness of
increasing compression ratio, as a means of
raising the theoretical thermal efficiency of a
limited-pressure cycle, is due to a greater por-
tion of the heat addition having to occur at con-
stant pressure. In order not to exceed a given
maximum pressure PS, the heat addition at con-
stant volume with the attendant pressure increase
must be reduced; consequently, for the same total
heat addition, the heat addition at constant pres-
sure must extend further into the expansion
stroke (i.e., B must increase). The incremental
quantities of heat added after the minimum-
working-space volume point in the cycle experi-
ence a reduced expansion ratio; hence the frac-
tion of the thermal energy that is transformed to
work is reduced.

Pollutant Emissions

The NOx emissions characteristics of Diesel
engines are the result of a combustion process
which is fundamentally different from that of the

progressive-burning, premixed Otto-engine
process. The diesel combustion process of a
liquid fuel spray burning in air, whose tempera-
ture is above the ignition temperature of fuel
vapor, is described in Refs. 4-17 and 4-59. It is
an autoignition process in which fast chain reac-
tions, which produce active combustion-promoting
species in addition to the products of combustion,
are prevalent during the period of rapid heat
release. This period of rapid heat release is
preceded by a delay period during which essen-
tially no heat release occurs but in which preflame
reactions essential to the combustion process are
are taking place. The rapid heat release period
is followed by a third, final phase of combustion
involving the burning of fuel droplets which were
previously in a locally oxygen-deficient environ-
ment and which are subsequently mixed due to
gas motion with hot, oxygen-rich portions of the
combustion gas.

The formation of NO around liquid fuel drop-
lets in an oxidizing environment, where vapor
from the droplets burns in a spherical, diffu-
sional flame front, has been analytically investi-
gated in Refs. 4-58 and 4-60. The results are
not directly applicable to the prediction of Diesel-
engine NOx emissions but do indicate some trends
of NO formation. The reader is referred to these
papers for more information.

Conceptual models of the autoignition of fuel
droplets injected into hot, moving air are
described in Refs. 4-58, 4-59, 4-60, and 4-61.
Generally, fuel vapor is produced as the liquid
fuel mist is heated by the hot air. The vapor is
transported away from the droplet via diffusional
and convective mechanisms, depending on the
relative motion between the droplets and the sur-
rounding gas (air and exhaust products). Simul-
taneously, in this delay period, the aforemen-
tioned preflame reactions are occurring which
produce active intermediate species, such as
aldehydes and peroxides (Ref. 4-59). When a
critical level of active intermediates is reached
in the heterogeneous mixture (consisting of liquid
fuel droplets, fuel vapor, air, exhaust gas, and
the intermediate species), multiple points of
ignition occur where the local conditions are
favorable. The mixture then burns so rapidly as
to appear to ignite spontaneously. The period of
rapid reaction is markedly extended in divided-
chamber engines, leading to the lower rates of
heat release and pressure rise.

The droplet burning process in a heterogen-
eous mixture would seem to allow locally stoichio-
metric combustion to occur within the mixture.
To the extent that such burning can be prevented,
the NO formation can be restricted. The divided-
chamber engine configuration, in itself, is help-
ful in mitigating locally stoichiometric combustion
through the initial, fuel-rich combustion in the
auxiliary chamber and the intensive mixing which
occurs as the auxiliary chamber products are
ejected into the main chamber. It is a well-
established experimental observation that divided-
chamber engines produce considerably less NO
than those with open chambers (Ref. 4-54, 4-55,
4-57).

The following have been considered as means
of reducing the NOx emissions of Diesel
engines:
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(1) Exhaust gas recirculation.

(2) Injection timing retard.

(3) Water injection or water/fuel emulsions.

The magnitudes of the NO reduction achievable
through these techniques, both individually and in
concert, are discussed in.Refs. 4-49, 4-54, 4-55,
4-57, and 4-59. In general, these techniques
taken alone or in any combination have not been
demonstrated to reduce Diesel emissions to meet
the statutory* emissions standards without con-
comitant unacceptable compromises in engine
performance.

Studies of the effects of EGR on Diesel emis-
sions have in the past been conducted with no com-
pensation in the amount of fuel injected. As a
result, the total-gas-to-fuel ratio remained
nearly constant as exhaust gas replaced air, but
the overall fuel/air equivalence ratio increased
toward a fuel-rich condition as exhaust gas was
added. EGR rates up to 30 to 35% have been
investigated in divided-chamber engines (Refs.
4-49, 4-54, 4-55). Adding exhaust gas, without
derating the engine by reducing the fuel delivery,
requires that the EGR rate be load-modulated to
prevent heavy smoke and misfire at higher loads.
Up to 30% EGR at medium loads will reduce the
engine's NO emission by about one-half. How-
ever, the HC and CO will double, and smoke
increases substantially. At such high EGR rates,
NO emissions might be commensurate with a
vehicular NO emission rate of 'O. 5 to 0.7 g/mi for
a Full-Size OEE car; but HC would be on the order
of 1 to 2 g/mi with high smoke and particulates.
Catalytic HC aftertreatment on Diesels has not
proven feasible due to the very low-temperature
exhaust at part loads, and the presence of particu-
lates and soot which foul the catalyst.

The primary effect of EGR on Diesel NO pro-
duction occurs through the reduced oxygen avail-
ability and not through a change in specific heat
of the gas or a reduction in temperature — although
both of these latter effects are present to some
extent. A brief analysis is presented in Ref. 4-55
which supports this contention. Neither the mean
specific heat of the inducted gas nor the total mass
of gas inducted changes appreciably as EGR is
increased. Since the total gas/fuel ratio does
not change, neither^oes the heat addition per
mass of working fluid change, assuming sufficient
oxygen is present to burn all the fuel. These
remarks neglect the effects of changes in rate of
heat release on the peak combustion temperature.
EGR does not significantly affect Diesel fuel
consumption.

Marginal reductions in NO emissions are
achievable through retarding the injection timing
on divided-chamber engines. Timing retard is
most effective on open-chamber engines, as dis-
cussed in Refs. 4-45, 4-55, and 4-57.

The Mature Diesel engine whose performance
is given in the succeeding sections of this chapter
makes use of EGR and injection timing changes to
the extent that NO and HC emissions can be

minimized without adversely affecting engine
performance. Water injection was not utilized
due to the large amounts of water required for
appreciable NO reduction and the practical diffi-
culties attendant upon its use, per Refs. 4-49
and 4-55.

4.2.2 Engine Performance

The brake thermal efficiency of Otto and
Diesel engines is the result of a complex interac-
tion of several parameters. As discussed in
Chapter 3, the losses associated with the actual
compression, combustion, and expansion pro-
cesses occurring in an engine are conveniently
viewed as heat losses, time losses, and exhaust
blowdown losses. These losses account for the
difference between the theoretical thermal effi-
ciency with actual thermochemical properties and
the actual indicated efficiency determined from
pressure/crank-angle diagrams. The observed
brake efficiency at the output shaft is further
reduced by the intake manifold pumping loss and
mechanical friction. The relationship between
the power, thermal efficiency, and the various
losses of Otto and Diesel engines is treated by
Taylor and Taylor (Ref. 4-17), and most of the
following discussion is based upon their
treatment.

FACTORS AFFECTING BRAKE EFFICIENCY

Mechanical Friction and Pumping

The brake power of an Otto or Diesel engine
may be defined as the difference between indicated
power and generalized frictional power. The indi-
cated power is the algebraic sum of the power due
to the working fluid pressure acting through the
volume changes occurring during the compres-
sion, combustion, and expansion processes. The
generalized frictional power includes all power
absorbed by parasitic processes (intake manifold
pumping power and mechanical friction between
the engine's internal moving parts) and auxiliaries
(power absorbed by lubrication, fuel supply, and
cooling systems). The frictional power due-to
intake manifold pumping is most affected by vari-
ations in the engine parameters of concern.
Mechanical friction within the engine — including
lubrication, cooling system and fuel supply-
pumps — can be reduced by careful design.

The volumetric displacement rate V^ of the
engine in ft IB is taken as that occurring in the
expansion process. For the four-stroke-cycle
engines under consideration, V,j is (Vj • rpm/
120), where Vj is the total swept displacement
volume of the engine. Since power is the pro-
duct PmVjj, where Pm is the mean effective
pressure, the frictional power loss may be
expressed as a mean effective pressure based on
Vj. Hence

D - P P _ P
b — * . ~ f ™ i^ »

I p f
(6)

where Pfc is BMEP in psia, P^ is indicated mean
effective pressure with "indicated" as defined

0.41/3.4/0.4 g/mi of HC/CO/NOx, respectively.
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previously, and where Pp and Pf are the net
pumping and mechanical friction mean effective
pressures, respectively.

The power output w for a 4- stroke Otto or
Diesel engine is w = Pt,VdN/7. 92 x 105, where
w is BHP, N is engine speed in rpm, Pb is BMEP
in psia, and V^ is engine displacement in cubic
inches. The torque output of such engines in Ib-ft
is T = PbV,j/48-n- with P{, and Vj as above.

The indicated mean effective pressure may
be expressed as

P. = n .i ' t e F ha v s c (7)v

where

}. is the indicated thermal efficiency

J> is the fuel-air equivalence ratio as pre-
iously used

p is the intake manifold air density

is the volumetric e
engine which is def
flow rate of gas/(p

e is the volumetric effectiveness of the
engine which is defined as [actual mass

F is the stoichiometric fuel-air ratios

and

h is the lower value of the enthalpy of com-
bustion of the fuel

The derivation of Eq. (7) is given in Ref.
4-17. Equations (6) and (7) are useful aids in
ascertaining the actual effects of charge dilution
on the specific power and brake efficiency of Otto
and Diesel engines. Equation (7) is valid only for
~$ S 1,0, but these are the only cases of interest
here. The general case of charge dilution may be
treated by a. modification of Eq. (7). An engine
operating with fuel, air, and exhaust gas intro-
duced into the intake manifold is illustrated below.

EGR, mr

AIR, ma

FUEL, mf
—

im, FOR DIESEL OR DIRECTLY
i INJECTED OTTO

/

_ t
EXHAUST GAS, m0 (m. - mr)

INTAKE MANIFOLD GAS

The indicated mean effective pressure of such
an engine is given by

P. (8)

•where pg is the density of the gas mixture in the
intake manifold. The term (ma/mg) may be
derived by applying mass conservation and is

where fr is the mass fraction of recirculated
exhaust gas (i.e., %EGR/100.) relative to the
total mass flow into the engine. For a Diesel
engine or a directly injected stratified-charge
Otto engine, the fuel flow m^ into the intake mani-
fold is zero. The volumetric and mass rates of
exhaust gas recirculation are almost the same
numerically because the average molecular weight
of the gaseous reactants is near that of the
products. Equations (5) , (8), and (9) may be
combined to give

e F h - P - P,v s c p f (10)

rha/mg = (9)

The net pumping loss P_ is the difference
between the mean effective pressures within the
cylinder during the exhaust process_andjduring
the induction process; hence Pp = Px - Pm. If
ideal exhaust and jriduction processes are
assumed, Px and Pm become the absolute pres-
sures in the exhaust and intake manifolds,
respectively. The exhaust manifold pressure is
subject to control by the engine designer, by pro-
viding adequate flow area for the exhaust gas.
For the purpose of rough estimates of pumping
losses at part throttle, the exhaust manifold pres-
sure will be taken as ambient pressure. At a P^
of -35 psia, the intake manifold pressure for a
typical, near-stoichiometric, uniform-charge
Otto engine without charge dilution is about 6 psia.
A typical pumping loss P is about 8.7 psi at these
conditions. The actual power absorbed in main-
taining intake manifold pressure below ambient is
Pp Vj, which for a 350 CID engine at 2000 rpm is
7.7 hp. Under the same conditions, and assum-
ing that the engine's stroke is 3. 5 in., so that the
mean piston speed Sp is 1167 ft/min, Pf is esti-
mated to be about lo psia from experimental
information given in Ref. 4-17. Therefore, Pj
would be about 59 psia, implying that about 45%
of the work produced within the cylinder is
absorbed by pumping and mechanical frictional
losses. At this operating point, about 30% of the
indicated power is dissipated through mechanical
losses and about 15% is dissipated as the pumping
loss.

Equation (10) shows that charge dilution via
EGR or excess air reduces Pj. Thus for throt-
tled Otto engines, the use of charge dilution per-
mits a higher absolute intake manifold pressure
at a given Pu. The Diesel engine, or a completely
unthrottled SC Otto engine, could produce the
same P^, with a 7. 7-psia lower Pi and the atten-
dant reduction in fuel consumption. The lean-
burning Otto engine and the stoichiometric Otto
engine with EGR can realize a reduction in fuel
consumption due to an increased intake manifold
pressure. The amount of charge dilution which
can be used is limited by the misfire limit. Dilu-
tion with only excess air results in misfire at a <)>
near 0.6 to 0.7 if no combustion promoting agents
are used, and dilution with exhaust gas causes
misfire at EGR rates of from 1 5 to 25%, depend-
ing on the particular engine. The reduction in
the pumping loss achievable with excess air is
somewhat greater than with EGR, as may be
inferred from Fig. 4-11. As previously noted,
charge dilution to reach the same NO level with
excess air vs exhaust gas results in a lower
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BMEP when the intake manifold pressure is held
constant. Conversely, at the same BMEP, the
intake manifold pressure is higher when the
charge is diluted with excess air than with exhaust
gas.

A reduction in throttling loss could be
realized in Otto engines by controlling BMEP
over a limited range with charge dilution via
excess air or exhaust gas, subject to the con-
straints of NO control and the misfire limit. This
is the technique being used when a lean-burning
engine is "run richer" for higher power. If the
engine is of adequate displacement, the power pro-
duced in the "richer" (i. e. , approaching stoichio-
metric from the fuel-lean side) operating range
will not be required very often in normal driving
or during the Federal Urban or Highway Driving
Cycles. Therefore, the NO control achievable
through charge dilution to the misfire limit can
be realized.

The magnitude of the brake efficiency
increase which is realizable through reduction of
throttling loss may be roughly estimated using
Eq. (10). At an operating ooint of P^ - 35 psia,
the manifold pressure with 4 = 1.0 and fr = 0 is
about 6 psia for a typical engine. According to
Eq. (10), Pi depends directly on pg which, in
turn, is directly dependent on Pm- Now if 4 is
reduced to 0.7, Pj decreases if P~m is constant at
6 psia. However, the required Pj to overcome
friction and the reduced pumping loss to deliver
Pb of 35 psia may be obtained by increasing the
manifold pressure from 6 to about 8. 3 psia. The
pumping loss is simultaneously reduced from
8.7 to 6.4 psia. Hence, the pumping horsepower
is reduced by a factor of approximately 0.74 or
-26%. But the reduction in fuel consumption cor-
responds to the reduction in PI, which is slightly
less than 4% — a factor of -0. 96. If 4 is reduced
to 0. 5, the fuel consumption reduction is about
8%. These estimates of the improvement in fuel
consumption are optimistic because ideal induc-
tion and exhaust processes were assumed. The
pressure losses through the port and valve will
diminish the beneficial effect of increased intake
manifold pressure. Estimates were also made at
other brake loads, and the percent improvement
was nearly constant. Of cour_s_e, the maximum PD
attainable through increasing Pm to ambient pres-
sure becomes smaller as 4 is decreased and fr
is increased.

Thermochemical Properties

Charge dilution may further affect engine
performance through a change in TIJ as given in
Eq. (10). The r|i of an engine is dependent upon
compression ratio, initiation of combustion GQ,
thermochemical properties, heat loss and dura-
tion of combustion A6C. Charge dilution affects
predominantly the thermochemical properties,
the heat loss, and combustion interval A8C (i.e.,
time loss).

The magnitude of the effect of thermochemi-
cal properties changes due to charge dilution on
engine performance may be inferred from Fig.
4-11. As previously discussed, the computational
model of Ref. 4-18 does not consider, heat losses.
Also, the combustion duration A6C and the intake
manifold pressure are constant in Fig. 4-11.
Therefore, the change displayed in BSFC with ^

and % EGR is due predominantly to the effects of
thermochemical properties. There is, however,
a secondary influence from the greater fraction
of indicated power dissigated as friction, due to
the decrease of Pi with 4 at constant intake mani-
fold pressure while Pf remains more nearly con-
stant. BSFC was previously observed_to decrease
by a factor of 1.05 (relative to that of <t> = 1) as
4_ is reduced. This minimum BSFC occurs at a
4 near 0. 8. EGR was seen to have no appreciable
effect on BSFC at <F near 1.0.

The_ behavior of engine efficiency as a func-
tion of <t>, described in the foregoing, is some-
what different from that for fuel-air cycles given
in Ref. 4-17. The fuel-air cycle efficiencies vs
4 as given in Ref. 4-17 were predicted for
instantaneous, constant-volume combustion occur-
ring at the minimum working space volume (i. e. ,
the top-dead-center piston position), •which would
amplify the effect on r|; of more favorable thermo-
chemical properties. In addition, the properties
data of Ref. 4-18 may be somewhat different from
those of Ref. 4-17. The improvement per Ref. _
4-17 in fuel-air cycle efficiency resulting from 4
decreasing from 1.0 to 0.8 was previously given
in Chapter 3 (Fig. 3-3) as 5%, which would
correspond to a 5% increase of -n^ in Eq. (10). In
comparison, Fig. 4-11 gives a 5% increase in
brake efficiency, which differs from the indicated
efficiency by the frictional losses. However, the
most significant disagreement between the two
predictions occurs at values of 4 less than 0. 8. The
fuel-air cycle efficiency of Ref. 4-17 continues to
improve as ^ decreases, although at a decreas-
ing rate; at 4 = 0. 5 the_improvement is approxi-
mately 11% relative to 4 = 1-0. In contrast,
Fig. 4-11 shows the brake efficiency decreasing
Ijeyond ^ - 0.7 and returning to the value at
4 = 1.0 upon reaching a 4 between 0. 5 and 0. 6.
The frictional losses cannot account for this
departure; hence, its origin must lie in the effects
of a finite combustion interval and the property
values. The computational model of Ref. 4-18
used to produce Fig. 4-10 is considered to be
more representative of actual engine performance.

Heat Losses

The heat losses during the combustion and
expansion processes are reduced by charge dilu-
tion through a decrease in the mean temperature
difference between the working fluid and its con-
fining surfaces. A treatment of engine heat
losses is given in Ref. 4-17, in which an experi-
mental correlation of the form given below is
shown to represent fairly well the total heat trans-
ferred to the cooling water and lubricating oil for
a variety of Otto and Diesel engines.

Q = K I [ K AT (11)

where Kj is a constant, kg is the thermal con-
ductivity of the exhaust gas evaluated at the aver-
age gas temperature within the engine, (ig is the
viscosity at the same temperature, B is cylinder
bore, rhg is the exhaust gas mass flow rate, and
AT is the mean temperature difference between
the working fluid gas and the engine coolant.
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Equation (11) may be expressed in terms of
engine parameters as

AT B 1.75
e D s

"

0.75

(12)

•where K.% is a constant, ev is the volumetric effi-
ciency, Sp is the mean piston speed, and_the other
terms are as previously defined. The AT used in
the correlation of Ref. 4-1J is estimated to de-
crease by about 13% when <f> is reduced to 0. 8 and
by about 43% when <J> is 0. 5. The portion of the
reduction in the heat loss that affects efficiency
is not as great, since more than half of the heat
transfer to the coolant occurs during the exhaust
process. The actual heat loss during combustion
and expansion has been estimated to be from 7 to
12% of the heat released by combustion of the
fuel, according to experimental information given
in Ref. 4-17. Therefore, at <(> = (MJ the heat loss
is estimated to be 6 to 10%; and at <t> = 0. 5, from
4 to 7%. The corresponding decrease in fuel con-
sumption would be 1 to 2% for c|> = 0.8, and 3 to
6% for $ = 0. 5

These estimates are for relatively low com-
pression ratio Otto engines. The Diesel engine
engenders a reduced heat loss due to the lower
AT resulting from power control via variation of
^. However, the high compression ratio of the
Diesel, and the attendant high temperature, cause
higher heat losses during the compression pro-
cess. Ricardo (Ref. 4-49) has analytically esti-
mated the fuel consumption improvement realized
through a 70% reduction in the heat loss from the
working fluid during the power stroke to be about
4. 5%. Also noted was an accompanying rise in
peak gas temperature during combustion to 2788
from 2658°F, and in exhaust gas temperature to
1300 from 1113°F.

Since the effects of charge dilution on heat
losses occur primarily through a reduction of
AT, and AT is also closely associated with NO
control; it may be expected that the heat losses at
the same NO level, whether reached through
charge dilution by excess air or exhaust gas, are
roughly equivalent. Hence, a reduction in the
heat loss with the attendant benefit to indicated
thermal efficiency accompanies NO control via
charge dilution.

Time Losses

The "time loss" is that reduction in indicated
efficiency associated only with non-instantaneous
heat release. In the ideal Otto cycle, all the heat
addition to the working fluid occurs instantly at
the minimum working space volume; however, in
a real engine, combustion occurs over some
finite interval of crankshaft rotation A6C. Usu-
ally the best efficiency and, simultaneously,
power output are achieved when the heat release
begins before minimum working space volume is
reached and continues into the expansion process.
In both Otto (spark-ignition) and Diesel
(compression-ignition) engines, the onset of com-
bustion is preceded by a delay period during which
no appreciable heat release occurs. The delay
period begins with either the spark event (Otto

engines) or the beginning of fuel injection (Diesel
engines). The optimum timing of these events
for best engine operation is usually referred to
as "minimum for best torque" (MBT) spark tim-
ing or injection timing and is given in degrees of
crankshaft rotation before the top center piston
position (minimum working space volume). Cook
et al. (Ref. 4-37) report that optimum spark tim-
ing for a large air-cooled aircraft cylinder is that
which results in the maximum rate of pressure
rise during combustion occurring at a fixed crank
angle of 3 deg after top center over a range of
fuel/air ratios from 0. 04 to 0. 06 (gasoline).

The deleterious effect of non-instantaneous .
he,at release may be minimized by MBT timing,
but the indicated efficiency which would occur
with instantaneous heat release at the same fuel/
air ratio cannot be realized. That is, even with
MBT timing, an extended combustion interval
A6C reduces the indicated thermal eff iciency.
As was discussed in Chapter 2, charge dilution
reduces the rate of flame front propagation in a
mixture, which reduces the rate of heat release
and extends the combustion interval. Some miti-
gation of the increase in A6C accompanying charge
dilution may be realized through increased motion,
i. e. , turbulence, of the charge.

Dowdy et al. (Ref. 4-52) have explored the
effect of changes in the combustion interval A9C
on fuel consumption by means of the computer
program of Ref. 4-18. The A6C was taken as
twice the MBT spark timing in degrees before top
center (ETC). The MBT spark timing was experi-
mentally determined for both a V-8 automobile
engine and a CFR engine, the CFR engine being of
a turbulence-promoting configuration. Values of
MBT timing for these engines are shown in
Table 4-1.

The speed of the CFR engine was 1200 rpm
and that of the V-8 was 1000 to 3000 rpm. The
MBT data was used to predict V-8 engine perfor-
mance at 2000 rpm. The aforementioned com-
puter program was utilized to estimate the effect
on fuel consumption of reducing the combustion
interval from70°to 40° at 4> = 1.0 and from -100°
to-46° at 4> = 0.85, with MBT timing in all
cases. The change in A6C from 70° to 40° caused
BSFC to decrease by -3.4%, and the change in
A8C from 100° to 46° resulted in a 7% decrease in
BSFC. Most of the previously described analyti-
cal performance estimates from Refs. 4-18 and
4-20 were for a combustion interval of 50° begin-
ning 10° ETC.

Table 4-1. MBT spark timing (in deg BTC)

Spark timing 6S,
deg BTC

4>

1.0

0.85

CFR

20°

23°

V-8

35°

50°

Note: A6 s 2 6
C 8
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Increased mixture motion (turbulence) does
increase the rate of heat release and reduce A6C,
but not without a limit that depends on the equiva-
lence ratio. Turbulence also increases the heat
loss due to increased convective heat transfer
between the charge and its confining walls. The
combustion interval in an actual spark ignition
engine remains fairly constant as engine speed
varies over a wide range, as discussed in Ref.
4-17. This characteristic is attributable to an
increase of flame propagation rate with engine
speed, due to the intensified mixture motion (tur-
bulence) afforded by the higher gas flow velocities
at greater engine speeds. The fact that MET
spark timing remains fairly constant over a wide
range of engine speed is a consequence of this
increasing flame propagation rate. The effects
of turbulence on time loss and heat loss are diffi-
cult to identify separately in an actual engine, but
several investigations of the overall effects of
charge dilution via excess air and exhaust gas,
some of which are in conjunction with changes in
engine configuration that affect turbulence, have
been reported and will be discussed presently.

Compression Ratio Effects

The use of charge dilution for NO control
may permit the compression ratio of an Otto
engine to be raised without requiring higher
octane fuel. Such an increase in compression
ratio would limit, to some nonzero value, the
minimum amount of charge dilution usable with-
out incurring detonation, preignition, or other
combustion problems. .Hence, the maximum PD
would_be reduced, as can be seen from Eq. (10)
when <)> < 1 and/or fr > 0. With other parameters
unchanged, the specific power of such an engine
would suffer. The effects of lean burning or
exhaust gas recirculation on the tendency towards
detonation and preignition are not clearly known,
and the conditions under which the compression
ratio could be increased are likewise unknown.
Nevertheless, the fuel consumption effects of in-
creased compression ratio were also explored by
Dowdy (Ref. 4 -52) with the computer program of
Ref. 4-18. An increase in compression ratio from
8. 5 to 11. 0 resulted in a decrease in BSFC of about
7%, with an attendant increase in NO production of
about 15%. This BSFC improvement stands in
contrast to the corresponding estimate of about 3%
per the methods of Ref. 4-17 based on generalized
•engine test data which includes both engine friction
and heat losses, while the model of Ref. 4-18
includes only friction as dependent on load and
speed. The fuel-air cycle efficiency improvement,
per Ref. 4-17 (see Fig. 3-3_), for the same com-
pression ratio increase at 4> = 0. 8 is 7. 6%. As
previously noted in Chapter 3, the increased heat
losses and frictional losses which accompany a
compression ratio increase diminish the theoreti-
cal improvement.

ACTUAL PERFORMANCE OF OTTO
ENGINES WITH CHARGE DILUTION

The actual impact of charge dilution on fuel
consumption and NO emissions of Otto engines
depends on the interaction of the individual effects
described above. Charge dilution tends to decrease
fuel consumption at a given power output through:

(1) Reduced throttling loss.

(2) In the case of excess air, more
favorable thermochemical properties
when 0. 7 S <J>< 1.0.

(3) Reduced heat losses.

On the other hand, fuel consumption tends to
increase due to the extended combustion interval
which results from the lower rates of heat
release of diluted mixtures. The net effect of
these opposing influences on BSFC can only be
ascertained through experiments with automotive
engines.

Care must also be exercised to characterize
clearly the reference to which comparisons are
made in terms of BSFC, specific power, and
emissions. In particular, the fuel consumption
of model-year 1973 and 1974 automobile engines
is high because a combination of charge dilution
(via exhaust gas) and spark retard was used for
simultaneous NO and HC control. The model-
year (MY) 1975 engines provide a more meaning-
ful comparison because HC control was essen-
tially removed from the engine itself through the
use of an oxidation catalyst. Consequently, the
spark timing is near MBT and fuel consumption
is appreciably better than in the previous few
model years.

The casual application of "percent, " or "fac-
tors of, " improvement due to changes in various
parameters can also be misleading. Comparisons
of performance are highly dependent on which
parameters are held constant and which are varied.
The previously discussed case, in which the
effect of charge dilution on fuel consumption was
influenced by whether BMEP or intake manifold
pressure is constant, is an example. Further,
some engines show extremely high fractional
improvements in fuel consumption when <)> is
reduced. Most of this improvement can be due
to reduced heat losses if the engine is specifically
designed for high turbulence. In making compari-
sons of this sort, the absolute magnitude of the
observed efficiency must also be considered.
Indicated efficiencies of 25 to 27%, for ~$ = 1 at
a compression ratio of 8:1, have been observed
for laboratory research engines with high turbu-
lence (Refs. 4-8 and 4-97). Whereas, Fig. 3-3
(Chapter_3) shows an indicated efficiency of about
34% for 4> near 1.0 and rc = 8. 5 for typical Otto
engines with automotive-size cylinders^ such
engines would of course have the benefit of
catalytic aftertreatment of HC to meet current
emissions standards.

The performance of laboratory research
(CFR) Otto engines with charge dilution via
excess air has been the subject of numerous
investigations. The experimental results of Bolt
and Holkeboer (Ref. 4-34) and Lee and Wimmer
(Ref. 4-30) are representative of the effects of
charge dilution on indicated thermal efficiency;
Ref. 4-30 also contains emissions information
for several different fuels. Their data are con-
sistent regarding the effect of $ on fuel consump-
tion and the absolute level_of nj for CFR engines
(about 33% at rc = 8 and 6 = 1.0). The effi-
ciency results of Ref. 4-34 using propane fuel
are shown in Fig. 4-24. These data are consis-
tent with the previously discussed trends of T|J

4-17



with respect to <|>. Note that at a compression
ratio of 10, the maximum value of n^ as 4> is
decreased occurs at <|> = 0.7 and is a factor of
1.046, or about 5%, higher than nj at $ = 1.0.
This experimentally observed increase in r\^ does,
of course, include the previously discussed effects
of changes in time loss, heat loss and thermo-
chemical properties.

Investigations of the effects of lean burning in
automobile engines have been reported in Refs.
4-31, 4-33, 4-36, and 4-52. These investigations
are fairly consistent as to the magnitude of the
fuel consumption decrease to be expected from
lean operation, relative to the same engine at

4> = 1, and as to the 4> for minimum fuel con-
sumption. These results are summarized in
Table 4-2. The previously discussed analytical
prediction of the variation of BSFC with 4> shown
in Fig. 4-_ll was that the minimum BSFC would
occur at 4> = 0.8 &nd would be about 5% lower
than the BSFC at <(> = 1.0. The prediction was
for constant intake manifold pressure, while
BSFC improvements in Table 4-2 are for nearly
constant brake load. Realizing that the analytical
model did not treat time loss or heat loss, the
surprisingly good agreement may be due to
approximate compensation of reduced heat
losses for increased time losses. A tvjpical
example of the variation of ISFC with <(> given in

Table 4-2. Effect of lean burning on fuel consumption for Otto engines

Engine type Ref.

Inline 4, OHV 4-31
3.43 x 3.27b

Inline 6, OHV 4-33
BxS not specified

<(> at
lean

Engine configuration misfire

Vaned intake valve seats; -0.7
Heron combustion cham-
ber; improved ignition;
MET timing -36° ETC

Prevaporizing and premix- 0.66
ing tank carburetion system,
otherwise stockS; MBT
timing -40° ETC

<(> for
best SFC

0.85
(1500 rpm,
light load)

0.80
(2400 rpm
road load)

Maximum
reduction
in SFC

-3%c

6 to 8%d

V-8, OHV
4.12 x 3.75

V-8, OHV
4 x 3.5

V-8, OHV
4 x 3.5

4-36 Sonic inlet valve throt- 0.621

tling; port fuel injection;
MBT timing -23° ETC

4-52 Autotronics carburetor, -0.75^
single plane intake mani-
fold; improved ignition,
MBT timing -50° ETC

4-52 Vaned intake valves; ~0.65J

higher-turbulence com-
bustion chamber; smaller-
area intake manifold run-
ners; improved_ignition;
MBT timing at 4> = 0.75
is -60° ETC; MBT timing
at 4> = 0.85 is -40° ETC.

0.7 to 0.8 -6%'
(1200 rpm
50 psi BMEP)

0.85 -4%'
(2000 rpm
45 psi BMEP)

0.75 to 0.8 -6%'
(2000 rpm
45 psi BMEP)

Relative to same engine configuration at 4> = 1.0.

Bore and stroke (inches).

°Not specified whether BSFC or ISFC.

dISFC

eBSFC

Ford I-6's of this vintage are near 3 . 5 x 3 .

°MBT data indicates a high-turbulence combustion chamber design.

Also Ref. 3-24 (see Chapter 3.2.1).

Not explicitly stated. ? = 0.62 was leanest operating point given in Ref. 4-36.

explicitly stated. Inferred from given test data.
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Ref. 4-33 for a 6-cylinder automotive engine with
vaporization-tank carburetion is shown in Fig.
4-25. These experimental ISFC data, taken at
constant power, clearly support the Blumberg-
Kummer model's prediction of <|> for minimum
fuel consumption.

The NO emission data of the engines dis-
cussed in Ref. 4-52 and the analytical treatment
of Ref. 4-18 indicate that operation of the engine
at a <j> of near 0. 6 would be required to meet a
vehicular emissions standard of 2 g/mi of NOx.
An equivalence ratio of 0. 6 is beyond that for
minimum BSFC, and is beyond or borders on the
lean misfire limit for the engines of Table 4-2.
An alternate approach for meeting a 2-g/mi
vehicular emissions standard is to use charge
dilution with both excess air and exhaust gas. The
MY 1975 California cars rely mostly on EGR for
NOx control to meet a 2-g/mi vehicular standard.
The experimental data of Refs. 4-50 and 4-51, as
discussed in Chapter 3,_shows that a 6% decrease
in fuel consumption at 4> near stoichiometric can
be obtained through the use of EGR with MET
spark timing. This improvement in fuel consump-
tion at the brake load likely results from the
reduced throttling losses and heat losses associ-
ated with charge dilution.

A thorough experimental characterization of
the effects of charge dilution both by exhaust gas
and excess air in conjunction with improved mix-
ture preparation is not available in the open liter-
ature. The reported reduction in fuel consump-
tion resulting from EGR with MBT timing should
be confirmed by an extensive experimental
investigation of charge dilution. Such confirma-
tion would lead to the speculation that most of the
beneficial effects of charge dilution on fuel con-
sumption occur through a reduction in heat loss
and throttling loss, but that the time loss atten-
dant with very large amounts of charge dilution
overshadows the beneficial effects. As pre-
viously noted, charge dilution via excess air or
exhaust gas should theoretically give somewhat
lower brake fuel consumption.

Lean Limit Extension Through Hydrogen
Augmentation

The <j> at which lean misfire occurs due to
charge dilution with excess air may be reduced

_by adding hydrogen gas to the normal gasoline/
air mixture. Such a system, using a catalytic
reformer to generate hydrogen gas and other
products from gasoline, was briefly described in
Section 4.1.2 and was shown schematically in
Fig. 4-2.

The performance of a 1973 full-size Chevro-
let automobile in which the 350 CID V-8 engine
•was equipped with a carburetion and induction
system that supplied hydrogen along with a lean
gasoline/air mixture was reported by Hoehn and
Dowdy in Ref. 4-10. The mixture control_system
supplied the engine with pure hydrogen at <t> = 0.32
at idle, which required an H? flow rate of 1. 2 lb/
hr. From idle through road wad, the fuel (HZ
and gasoline)/air equivalence ratio $ was 0. 53,
with the HZ to gasoline mass ratio being 0. 15.
The MBT spark timing under these conditions,
was about 50° BTC. When the power demanded
of the engine exceeded that which could be sup-
plied at <j> = 0. 53, the mixture supplied to the

.engine was enriched in two steps. First, at an
intake manifold pressure of 13. 1 psia, <)> was
increased to 0. 63; then, at wide-open throttle,
the gasoline flow was increased to give a $ of 0. 93.
The H£ gas flow ranged from 1. 2 to 3. 0 Ib/hr as
the engine power varied from idle to full load.
This vehicle was tested over the FDC-U on a
chassis dynamometer, yielding 2. 6/1. 5/0. 5 g/mi
of HC/CO/NOx, respectively. The average
energy consumption over the FDC-U was 8361
Btu/mi, which is equivalent to 13. 9 mpg of gaso-
line (115,900 Btu/gal). By comparison, the
average fuel economy of 1975 automobiles at
4500 lb inertia weight and 1. 9 to 2 g/mi of NOx
emission is about 12. 7 to 12. 8 mpg. The fuel
consumption of the bottled hydrogen gas/gasoline
car is about 9% lower than the average fuel con-
sumption of MY 1975 cars and is about 8% lower
than the best of the MY 1975 cars (vid. Chapter 3,
Section 3. 5. 1).

The development of an on-board catalytic
reformer which produces hydrogen gas from a
diverted portion of the total gasoline flow is
described by Houseman and Cerini in Ref. 4-9,
and performance data for the engine/H2 genera-
tor system is given in Refs. 4-8 and 4-11. The
catalytic hydrogen reformer operates over a range
of mass rates of hydrogen production at an
efficiency — the ratio of the total heating value of
product output to the total heating value of gasoline
input — of near 80%.

An estimate of the effect of the HZ gas being
supplied by the generator (as opposed to bottled
gas) may be made as follows: The generator-
product/gasoline mass ratio is assumed to be
0.15 — the value of the hydrogen-to-gasoline ratio
for the bottled gas car. Then, if the energy sup-
plied by the generator products is taken to be
unchanged from that supplied by the HZ from the
gas bottles, the total gasoline flow to the genera-
tor and the engine must only be increased to
compensate for the 80% generator efficiency.
With the average energy consumption unchanged
at 8361 Btu/mi, the average fuel economy over
the FDC-U decreases to 12.9 mpg. This fuel
economy estimate is overstated if the same HZ
flow is required from the generator as from the
gas bottles, because the generator products con-
sist of HZ and CO, along with inert constituents.
A typical hydrogen generator operating condition
as given in Ref. 4-9 is shown in Table 4-3. The
fuel economy of the 4500 lbm — inertia-weight
vehicle with an HZ generator system has been
estimated at 12 mpg in Ref. 4-62.

In continuing work, an oxidation catalyst has
been added to the bottled-gas car and the system
retuned. Emissions over the FDC-U of 0.4/0. 04/
0.39 have been obtained with an energy consump-
tion of 8850 Btu/mi (Ref. 4-63). The equivalent
gasoline mileage is 13. 1 mpg. The fuel economy
of the retuned system with an onboard HZ gen-
erator has been estimated to be unchanged at
12 mpg in Ref. 4-63, which may be somewhat high
if the original 12 mpg estimate is reasonable.
Planned future work calls for installation and test
of an engine/generator system in a vehicle
(Ref. 4-62).

Presently available experimental data on the
fuel consumption of the engine/generator system
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Table 4-3. Typical catalytic generator
operating conditions

Input condition

Airflow rate, Ib/h

Fuel flow, Ib/h

A/F

Equivalence ratio

Generator pressure, psig

Catalyst temperature, ° F

Output Mass Mole
condition fraction fraction

H2 O.Z160 0.0194

CO O.Z360 0.296

CH4 0.0103 0.0074

C2H4 0.0009 0.0011

CO, 0.0123 0.024

H2O 0.0120 0.0097

N2 0.5125 0.0642

1.0000 1.000

Mean molecular weight

H^/hydrocarbon mass ratio

H/C atomic ratio

Exit pressure, psig

Exit temperature, °F

Generator efficiency

Value

45.6

8.9

5.15

2.83

1.4

1774

Mass
output,
Ib/h

1.06

16.19

0.404

0.062

1.326

0.529

35.15

54.72

22.33

0.12

1.925

1.0

1527.0

0.785

at a H£ flow of 0. 5 Ib/hr has been used in a com-
puter simulation of the FDC-U at 4500 Ib inertia
weight. This simulation, optimized for fuel
economy, yielded predictions of about 14 mpg and
1. 3 g/mi of NOx (Ref. 4-96). Recent dynanom-
eter tests of an engine/generator system with HI
flowrates from 0. 5 to 1. 5 lbm/hr have shown
fuel consumption characteristics markedly simi-
lar to those of the direct-injection SC Otto engine
as subsequently discussed and shown in Fig. 4-26.
Whether or not this engine fuel consumption char-
acteristic results in a comparable fuel economy
in the automobile will be manifest when the
requirement for simultaneous control of HC and
NOx is levied against a vehicle incorporating such
an engine/generator system.

Existing Engines with Charge Stratification

As discussed in Section 4.2. 1, rich-to-lean
charge stratification, of itself, increases fuel
consumption relative to a uniform charge at the

same overall equivalence ratio <j>. In practice,
this deleterious effect may be mitigated by the
ability of stratified-charge engines to run at some-
what leaner overall equivalence ratios without
misfire than their uniform-charge counterparts.
However, stratified-charge engines cannot operate
at extremely lean fuel/air ratios due to excessive-
ly high HC emissions. The actual performance
of any Otto engine is affected by the automatic
spark timing as dependent on load, speed, and
engine temperature, and by the variation of fuel/
air ratio with load and speed. These parameters
are often not optimized for best fuel economy
because HC emissions and driveability must be
considered.

The Volkswagen PCI and the Honda CVCC
were previously described as representative of
divided-chamber stratified-charge engines.
These engines differ in that a rich fuel/air mix-
ture is supplied to the CVCC prechamber by a
separate venturi of a special compound carbure-
tor, whereas a small amount of fuel is directly
injected into the PCI prechamber, with the main
chamber being supplied by the usual carburetion
or intake-port fuel injection. According to
Refs. 4-5 and 4-6, equivalent performance can
be obtained from either injection or carburetion
for the prechamber; however, a carbureted pre-
chamber provided with a vaporized fuel/air mix-
ture may have some advantage with respect to
HC emissions (Ref. 4-67). An important feature
of the CVCC engine is late dissipation of stratif i-
cation, the combustion chamber and intake port
being designed to minimize turbulence.

The Honda CVCC has demonstrated emis-
sions performance in a full-size 350 CID V-8
automobile of 0. 27/2.887 1. 72 g/mi of HC/CO/
NOx, respectively, over the FDC-U (Ref. 4-7).
The fuel consumption at 10.5 mpg is about the
same or slightly better than that of typical 1973
automobiles. Further reduction in NOx emis-
sions can be obtained through the use of EGR,
but only at the expense of fuel economy if HC is
not allowed to rise, or at the expense of HC emis-
sions if fuel economy is not sacrificed. As pre-
viously discussed (Ref. 4-20), NO_control via
stratification is most effective at <(> near 1.0.
Therefore, additional reductions in NO emissions
from the CVCC could be realized through opera-
tion at more nearly stoichiometric fuel/air ratios
with EGR. However, such measures would surely
increase HC emissions and require oxidizing
catalytic aftertreatment, but fuel economy could
be improved. It is possible that NO emissions
could be reduced, per the discussion of Section
4.2.1.1, by earlier dissipation of the charge
stratification via increased turbulence. Again
some sacrifice in HC control would likely be
involved, but BSFC would be improved.

The excellent HC emissions of the CVCC
engine are achieved without a catalyst, although'
such HC control evokes a fuel economy penalty.
HC control is effected in the CVCC engine through
the higher sustained temperature in the expansion
stroke and the higher exhaust gas temperature.
In conjunction with the lean <)>, oxidation of HC is
accomplished with a "thermal reactor" exhaust
manifold. The implication of a higher exhaust
gas temperature on thermal efficiency of any heat
engine is apparent from a basic consideration of
thermodynamic energy conservation. In the

4-20



CVCC engine, the decrease in fuel consumption due
to the reduced throttling and heat losses and the
more favorable thermochemical properties assoc-
iated with operation at a lean overall mixture
ratio is sacrificed to maintenance of an exhaust
gas temperature high enough for oxidation of HC
in the thermal reactor. The high exhaust gas
temperature results partly from the lack of turbu-
lence in the CVCC combustion chamber which
delays complete oxidation of the combustion
products of the rich elements in the fuel/air
charge. The slightly lower than normal compres-
sion ratio (7. 7 in the 1500 cc CIVIC) and spark
timing, if retarded relative to MET, also contri-
bute to the higher exhaust gas temperature. The
net result is fuel consumption roughly equivalent
to that of MY 73 and MY 74 engines.

The PROCO direct-injection stratified-charge
engine relies on rich-to-lean stratification and
EGR, at a very slightly lean equivalence ratio
(0. 9 < <? < 0.95), for NOx control. A PROCO engine
has demonstrated NOx emissions in the range of
0. 3 to 0. 5 g/mi in a 4500-lb inertia weight vehicle
over a 28, 000 mi durability test, with the fuel eco-
nomy averaging about 13. 6 mpg on the FDC-U.
About 25% EGR is required for NO emission near
the 0. 4 g/mi level, and high HC emission in the
vicinity of 5 g/mi accompanies such extreme
charge dilution (Ref. 4-66). After-treatment of this
level of HC emission to reach 0. 4 g/mi with an
oxidation catalyst is extremely difficult because of
the requirement for a sustained catalyst conversion
efficiency in excess of 90%. In the aforementioned
tests, the post-catalyst HC emission ranged from
0. 4 to 0. 6 g/mi with a 5-in. diameter by 6-in.
length monolithic oxidation catalyst for each cylin-
der bank. The PROCO engine shows better fuel
economy and reduced HC emissions when recali-
brated to about 12% EGR, which yielded an NOx
emission of 1. 2 g/mi at 5000 Ib inertia weight.
The corresponding HC and CO emissions were 1. 9
and 12. 5 g/mi, respectively, without an oxidation
catalyst; and the fuel economy was 14. 4 mpg
(Ref. 4-68).

The fuel economy characteristic of the
PROCO engine derives from its ability to satis-
factorily operate at rc = 11:1 with 86 RON gaso-
line, as permitted by direct injection of fuel into
the cylinder during the compression stroke.
Additionally, operation with <j> - 0. 9 and 12% EGR
yields some reduction of intake manifold pumping
and heat loss relative to operation at 4> = 1.0
with no EGR. The relatively cool exhaust gas of
the PROCO necessitates use of a catalyst to oxi-
dize the HC. In view of the higher fuel economy
at a given emissions level and the low emissions
capability of the PROCO-type (direct-injected)
stratified-charge engine, it is taken as the best
representative of the general class of lean-
burning and stratified-charge Otto engines and
serves as the basis for the evolving SC Otto engine
configurations in this study.

4. 2. 3 Summary and -Selection of Engine
Types Evaluated

The salient points of the foregoing discussion
may be summarized as follows:

(1) Charge dilution via EGR is the pre-
ferred method of reducing the NOx emis-
sion of uniform charge Otto engines to

levels in the vicinity of 1. 5 g/mi for
Large cars. Fuel economy relative to
the best uncontrolled near-stoichiometric,
Otto engine may be improved if near-
MBT spark timing is utilized in conjunc-
tion with an oxidation catalyst to control
HC.

(2) The use of a thermal reactor for control
of HC evokes an increase in fuel con-
sumption relative to the use of a cata-
lytic converter to achieve the same HC
control. This characteristic follows
directly from the thermal reactor's
requiring a higher exhaust gas tempera-
ture for oxidation of HC.

(3) Both the uniform-charge Otto engine with
lean-limit extension and the direct-
injection stratified-charge Otto engine
have the capability for NOx emissions
near 0.4 g/mi for Large cars. How-
ever, even at NOx levels up to 2 g/mi,
the HC emissions from both engines
require the use of an oxidation catalyst
to attain 0.4 g/mi of HC.

(4) The burning of a stratified charge in an
Otto engine at near-stoichiometric fuel
air ratios yields a substantial reduction
in NOx production.

(5) Charge stratification, in itself,
results in a fuel consumption
penalty relative to the burning o'f a
uniform charge.

(6) The fuel consumption penalty resulting
from the burning of a stratified charge
may be more than offset by other fac-
tors associated with charge stratifica-
tion. In particular, the direct-injection
type of SC Otto engine can operate at a
significantly higher compression ratio
with the accompanying increase in effi-
ciency. Consequently, this engine
exhibits lower fuel consumption than the
other types of Otto engines, over the
entire spectrum of engine sizes and at
any emissions level, provided that cata-
lytic aftertreatment of exhaust gas is
permitted.

(7) Since charge stratification is most effec-
tive in reducing NOx emissions at near-
stoichiometric fuel/air ratios, the
direct-injected SC Otto engine with air
throttling via a feedback signal from an
exhaust gas oxygen sensor may allow
the use of a 3-way catalyst for simul-
taneous HC/CO/NOx control. The
higher compression ratio usable with
direct injection would provide a fuel
economy advantage relative to the uni-
form charge Otto, and stratification at
$ = 1 would provide a reduction of NOx.

(8) The specific power of the naturally
aspirated Diesel engine is sufficiently
low to warrant the use of supercharging
for improved performance.

On the basis of these observations and con-
clusions, the direct injected SC Otto engine was
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found to have the greatest potential for simultane-
ously low fuel consumption and emissions. .Like-
wise, the turbocharged, swirl-chamber Diesel
engine best represents its class with respect to
fuel economy and emissions under the constraint
of OEE vehicle performance. Consequently, these
two engine types were selected as representative
of the intermittent-combustion alternatives for
evaluation in Mature and Advanced configurations.

4. 2. 4 Performance of the Mature SC Otto
and Diesel Engines

A portion of a fuel consumption map, taken
from dynamometer tests of a 400-CID V-8
PROCO engine, is shown in Fig. 4-26. The fuel
economy projections of Section 4. 5. 1 were based
on such fuel consumption characteristics with
interpolation via plots of fuel mass flowrate vs
BHP at various engine speeds.

The fuel consumption characteristics of a typi-
cal swirl-chamber Diesel engine with automotive-
size cylinders is shown in Fig. 4-27 (Ref. 4-69).
The fuel economy projections of Section 4. 5. 1 were
based on this map with interpolation as above.

The major advantage of supercharging lies
in the increase of indicated mean effective pres-
sure resulting from an increase of pg in Eq. (8).
If the compression ratio is decreased to limit the
maximum pressure during combustion, 11 in
Eq. (8) may decrease. The previously mentioned
factors affecting optimum compression ratio
must be considered. Any increase in brake effi-
ciency due to turbocharging must appear through
a higher average pressure on the piston during
induction than during exhaust. Such a pumping
work characteristic is theoretically possible,
since work is extracted from the exhaust gas as
it expands through the turbine of the turbo-
charger. However, when the effects of turbine
efficiency, compressor efficiency, and pressure
losses across the intake and exhaust valves are
considered, the usual outcome is an increase in
the pumping work which the engine must supply —
not a decrease. These effects may be minimized
by proper matching of the turbocharger and
engine gas flow characteristics, and through
utilization of a wastegate bypass for the exhaust
turbine at higher engine speeds. Similar
remarks apply to the Comprex® supercharging
system. In light of the foregoing discussion, no
appreciable difference in fuel consumption would
be expected between NA and boosted Diesel
engines. Review of the performance of a number
of NA and boosted engines corroborated this
expectation. Hence, no fuel consumption adjust-
ment was made for boosting the Mature and Ad-
vanced configuration Diesel engines. The improved
specific power and power-speed characteristics
of the wastegate controlled, turbocharged engine
were considered in the projected performance of
the OEE Diesel powered vehicle.

A similar situation prevails for supercharged
Otto engines. If the compression ratio of an Otto
engine is reduced to limit maximum pressure dur-
ing combustion, the indicated efficiency drops
according to Fig. 3-3, Chapter 3. At the vehicle
performance level, whatever decrease in fuel con-
sumption results from the improved engine speci-
fic power afforded by turbocharging an Otto engine
will be offset by the reduced engine efficiency which
follows from the lower compression ratio. There-
fore, only when specific power must be substan-

tially improved is turbocharging advisable. Such is
the case with the naturally aspirated Diesel; hence
our evolving Diesel configurations incorporate
turbo-supercharging while the SC OTTO does not.

The power per unit engine displacement of
properly designed direct-injected SC Otto engines
is equivalent to that of UC Otto engines, accord-
ing to Refs. 4-13 and 4-68. The maximum
power/displacement ratio in BHP/CID for Otto
or Diesel engines is determined by the maximum
value of the product of BMEP and volumetric
displacement rate V<j. A consideration of the
volumetric characteristics of positive displace-
ment, 4-stroke reciprocating machines shows
that

= K n1/3 [V, (B/S)]2 '3

where K = (ir/256)1 '3, n is the number of
cylinders, V(j is the total cylinder swept dis-
placement, (B/S) is the cylinder bore-to-stroke
ratio, and Sp is the mean piston speed ^which is
(2S- RPM). The engine power w is PDVd!.
Assuming that the engine parameters PD, Sp,
and B/S are constant, the power per unit total
displacement w/Vjj is proportional to the quantity
(n/Vj i ) ! '^ . However, this theoretical trend does
not hold very well in practice, due to differences
in Sp, (B/S), and PD for engines of differing total
displacement. The BHP/CID of several produc-
tion engines is shown on Fig. 4-28, along with
the curve giving BHP/CID vs CID which was
used to determine the maximum power for the
Mature SC Otto engine. The BHP/CID for the
Mature Diesel engine, which is turbocharged,
was taken as constant at 0. 56. This estimate is
optimistic for the larger engines. The weights
and other parameters for typical existing Diesel

• engines are shown in Table 4-4.

The weights of various Otto and Diesel
engines in terms of a plot of pounds per cubic
inch (of total swept displacement) vs total swept
displacement (CID) are shown in Fig. 4-29. The
characteristic curves used to establish the
weights of the Mature UC Otto, the Mature SC
Otto, and the Mature Diesel engines are pre-
sented on Fig. 4-29. The UC Otto weight char-
acteristic (lbm/CID vs CID) was established to
represent the lightest of current production auto-
mobile engines. The characteristic curves for
the SC Otto and the Diesel were then obtained
from the UC Otto curve by adjustments for
increased section in those portions of the engine
structure affected by the higher peak internal
pressures associated with the higher compres-
sion ratios of these engines. Further reductions
in engine weight might be achieved through exten-
sive use of aluminum and thin-wall iron castings
wherever feasible throughout the engines, but at
some cost impact.

4.3 MAJOR SUBASSEMBLIES/COMPONENTS

4.3.1 Descriptions

In this section the major components unique
to the direct-injected, stratified-charge Otto
engine and the turbocharged Diesel are described.
The novel components used in the H2-injected,
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ultralean-burning Otto engine (not further evalua-
ted herein) are also discussed because it may con-
stitute an alternate path to Otto engine improve-
ment. Descriptions of other components used in
reciprocating internal-combustion engines are
given in Chapter 3, or are well-known current
technology.

DIESEL TURBOCHARGER

The only major component of the Diesel
engine which is new to high-volume automotive
mass production is the turbocharger. Its pur-
pose is to increase the air-handling capacity (and
thus the power of the engine for a given displace-
ment) by increasing the density of the air in the
intake manifold. The compressor portion of the
turbocharger is powered by a small gas turbine
driven by the exhaust gases of the engine.

Turbochargers are frequently used on truck
diesels and racing (Otto cycle) engines. The
turbochargers for those applications are not
applicable to passenger cars because of their high
cost and the fact that they are tailored to peak
power and a narrow engine rpm range.

An automotive turbocharger must be economi-
cally mass-producible, operate over a wide speed
range, and provide rapid transient response. The
latter is achieved by reducing the moment of
inertia of the rotating components and through
active control of the turbine or compressor gas
flow. The costs and weights of turbochargers
have decreased about a factor of 2 in the last 1 5
years (Ref. 4-70).

To provide a power increase over a •wide
engine speed range, it is necessary to design for
small turbine nozzle area as shown in Fig. 4-30(a).
Such a power curve provides low-speed response
and improved driveability. However, as shown in
Fig. 4-30(b), such a turbine without boost control
would seriously overboost the engine at high
engine speeds and would overstress the Diesel
engine. Thus boost control is needed.

Various methods of boost control are shown
in Fig. 4-31. Control can be effected by a sim-
ple diaphragm sensing the boost pressure. The
various compressor-side controls have the effect
of increasing the intake air temperature, thereby
reducing charge density and peak power. The
exhaust-bypass type ("wastegate") is the pre-
ferred method since it does not induce excessive
backpressure on the engine.

Design problems of turbochargers include
the stability of very slightly loaded journal bear-
ings (Ref. 4-71). This can be overcome by pro-
viding damping in another oil film outside the
main journal bearing. A good seal system is
required to prevent oil leakage into the hot areas
of the turbine. Such leakage causes a buildup of
coke and may require expensive disassembly for
cleaning. The turbine, of course, sees hot
exhaust gases and must be made of suitable high-
temperature, oxidation-resistant materials.

For a given turbocharger application there
are configuration and mounting tradeoffs. The
turbine housing is usually flange-mounted directly
to the exhaust manifold and supports the whole
unit. All other connections to the unit must be

flexible enough not to overstrain the housing.
Some turbochargers are able to utilize a portion
of the "pulse energy" of the exhaust flow if they
are mounted close to the exhaust port (Ref. 4-72)
and connected via constant-area passages.

For the large production rates implied by
fleet conversion to automotive Diesels, it would be
possible to configure an optimized turbocharger
for each major engine size. This could result in
cost and performance advantages over the current
practice of modifying a standard unit to fit a
range of diverse applications.

DIRECT-INJECTED SC OTTO FUEL
INJECTION SYSTEM

The major new components in the direct-
injected.stratified-charge engine are in its fuel
injection system. Minor configurational dif fer-
ences in the engine (such as valve tinning, piston
shape, and spark plug type and location) are
clearly within the current production technology.

The major requirements of the injection
pump are to provide repeatable flows to all the
cylinders, and to control injection advance up to
50 crank degrees as a function of load and 40
crank degrees as a function of rpm (Ref. 4-14).
This range of timing control is large compared to
conventional ignition distributor practice and is
accomplished by using a sliding helix metering
sleeve on the pump shaft. The sliding helix posi-
tion control is actuated by a conventional rotating
weight "governor" (actually a speed sensor) and
a control shaft activated by a vacuum diaphragm
connected to the intake manifold. A recent
design of the injector pump is shown in Fig. 4-32.
This design was recently "production engineered"
(see Section 4. 3. 3) by American Bosch under a
contract from Ford.

Another important component in the fuel sys-
tem is the injector itself. Several designs are
shown in Fig. 4-33. All incorporate an outward-
opening poppet valve with either a tension or com-
pression spring to provide closing force. This
design provides a very high frequency (2000-
4000 Hz) opening and closing rate which helps
improve the fuel atomization and reduces spray
penetration. During the closing pressure wave
pulse the spring-valve assembly rotates a small
amount. This is believed to reduce deposit
buildup and leakage, but has not been verified by
experiments (Ref. 4-13).

ULTRALEAN-BURNING, HYDROGEN-
INJECTION OTTO ENGINE

The novel components (with the exception of
the control system) of the partial-hydrogen-
injection concept are shown schematically in
Fig. 4-2. Most of the changes are on the
upstream (induction) end of the engine. The
engine itself could be largely unmodified,
although improvements in the lean limit may dic-
tate high-turbulence valves and changes in com-
bustion chamber shape and spark plug location.
High-energy ignition is advisable for reliable
ignition. Some changes in camshaft timing may
also be desirable. A standard catalytic oxida-
tion converter is needed for HC control (see
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